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LIQUID HYDROGEN RECOVERY SYSTEMS STUDY

by

K. L. Bush, G. V. Schwent, and H. G. Starck

ABSTRACT //_

The M-I pump test facility at Aerojet, Sacramento, California can

be significantly improved by the addition of either a heat exchanger or

a turbine power absorber to the present recovery system. The heat ex-

changer system will cost about $900,000 and can save up to $9,000,000

in liquid hydrogen over aS-year period. A turbine power absorber unit

will cost about $1,700,000 and has a savings potential of $20,000,000 for

the same period. The timing for fabrication and installation are 15 and

24 months, respectively. _ .......
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LIQUID HYDROGEN RECOVERY SYSTEM STUDY

by

K. L. Bush, G. V. Schwent, and H. G. Starck

AiResearch Manufacturing Company

SUMMARY

The primary objective of this contract is to perform a study of the

technical and economic aspects of various liquid hydrogen recovery

systems in sufficient depth to determine the relative merits and dis-

advantages of the various systems. The study was based on the planned

operations for Test Stand E-Z at the Aerojet-General Corporation,

Liquid Rocket Plant, Sacramento, California.

The study indicates that two different type systems, a 60,000 hp

turbine-power absorber system, and a 30-ton heat exchanger (using

boiloff vent gases for cooling) are technically and economically feasible

for improving the recovery characteristics of the Aerojet M-l pump

test stand.

The turbine-power absorber system will cost about $1_00,000 and

can save about $20,000,000 at a cost of $0. 50 per gallon for LH t. The

heat exchanger system will cost about $900,000 and can save about

$9,000,000. Even at double the costs of the systems and at half-price

of the LH Z, the potential net savings are clearly substantial.

The timing, which includes installation and procurement of mater-

ials is estimated to be about 15 months for the heat exchanger and 24

months for the turbine and compressor.

The recommended turbine system consists of a dual flow, 7-stage

axial turbine located at the upstream orifice of the M-l pump dis-

charge line. The power generated by the turbine is absorbed by two,

double suction, centrifugal air compressors. The basic controls will

consist of a iZ-in, pressure control valve in a bypass line around the

turbine and a 12-in. bypass control valve at the downstream orifice

near the catch tank. Each air compressor will have a 14-in. modulat-

ing valve at the exit. The above costs include two turbine units and

three compressor units, plus spares for certain critical parts such as

bearings, seals, and valve actuators. Since there is no way of testing

2



I

!

I

I

I

I

I

I

I

!

I

I

I

I

I

I

I

the turbine except in its installed position at Aerojet_ there is no asso-

ciated development program, and unit costs are correspondingly low0

Therefore, a very conservative design approach must be taken to

assure a satisfactory performance. With the provision of two machines

plus critical spare parts, a satisfactory level of reliability is antici-

pated for this installation.

The heat exchanger unit will consist of a finned tube, folded core

design, made of aluminum and suspended in an aluminum vacuum-

jacketed tank. It should be located near the top of the E-2 catch tank

on a separate support and will require an extensive modification to the

present vent system. The only control is a 12-in. bypass valve at the

present intake orifice at the catch tank. Again, there is no way of test-

ing the total performance of this unit prior to its installation° However_

this is not a problem area since an overdeslgn can only result in an

improved performance_ particularly if the liquid entrainment in the

vent gas is a large percentage of the flow rate. Therefore_ a high

reliability and performance can be assured by an overdesign approach

for this unit.

INTRODUCTION

This report presents the results of a study of liquid hydrogen re-

covery systems as required by study Contract NAS 3-2751.

The requirements to be fulfilled by the study are given in terms of

six tasks in Contract NAS 3-Z751. Task I consists of the selection of

the most promising type of recovery system from various combina-

tions of turbines, power absorbers, and heat exchangers° Task II

requires a full preliminary design of the selected system_ including

controls. Tasks III and V are to consider the feedback effect of the

recovery system operation on the E-2 test stand and the procedures

required for satisfactory operation, and Tasks IV and VI are concerned

with the economic aspects and possible schedule for integration with

the E-Z test program. A single design point is given for the output of

Test Stand E-Z as a basis for the design study and consists of the

following items

i. Frequency of tests: 7 runs per month for 3 to 5 years

Z. Duration of each test: 300 seconds
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3. Hydrogen pump outlet pressure: 1800 psi

4. Hydrogen pump outlet temperature: 50 ° to 56°R

5. Flow rate: 60,000 gpm

The contract further requires that additional information as may

be made available by the LVPOtechnical manager, shall be utilized

to the fullest extent practicable.

In order to attain the objectives and fulfill the requirements of the

above statement of work, a well-defined approach has been taken.

This approach, or guide line, may be summarized by the following
statements:

. Obtain detailed information on the E-2 test stand and the pump

test program so that installation problems and the effect of

off-design operating conditions can be analyzed.

Determine the primary and secondary parameters which

affect system performance and design.

. Design the optimum system for achieving the objectives

given in the contract statement of work.

. Es.timate component installation and maintenance costs and

compare with potential savings of liquid hydrogen.

5. Determine the development risks and the effect of added

equipment on recovery system safety and reliability.
,gq/?

The report is divided into nine sections and five appendicies,

which are as follows:

Section

Recovery System Thermodynamics

II Aerojet E-2 Area Test Facility

III Turbine Design Studies
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I RECOVERY SYSTEM THERMODYNAMICS

i. Simple {Throttling} Recovery System

When a high pressure fluid has an energy content which is less than

that of a low pressure saturated vapor, the fluid may be dumped into a

(low pressure} tank where a portion of the fluid may be '_recovezed '_as

a low pressure liquid. Figure IA shows a diagram of this system,

which is known as a "throtthng process" since the high pressure flu:_d

is generally ducted to the tank at a pressure above the vapor pressure,

and then throttled by a valve or orifice. At the zeduced pressure, the

fluid "flashes" and a separation of liquid and vapo_ takes plac eo The

high pressure energy is thus absorbed by the vapor which is released

from the tank by a vent lineo

Another method of obtaining the same result is to use a heat ex-

changer as a "subcooler" {Figure IB) in which a portion of the tank liq-

uid is vaporized to cool the incoming fluid so that the total delivery is

in the liquid state. If the vapor is not superheated, the required vapor

loss is the same in either case, the heat exchanger serving only to re_-

duce the turbulence of the incoming fluid into the tank.

In the throttling or subcooler systems, the specific recovery can

be expressed in terms of the specific enthalpies of the high and low

pressure fluids

h - hf
m = i (i)

o hfg

where h = enthalpy of the high energy fluid

hf = enthalpy of the tank liquid

hfg = enthalpy of vaporization

m o = ratio of weight of liquid to weight of fluid delivered into

the tank

6
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iV

V

VI

VII

VIII

Power Absor,otion Equipment

Systems Analysis

Control System Study

Cost Analys i s

Safety and Reliability

Appendix

Heat Exchanger Recovery

t3, Heat Leakage and Cooldown Relations

C. Turbomachinery Design Studies

D_ Controls Dynamic Ana]ysis

E. Cost Estimates

Addendum

VII Cost Analysis (continued)

IX Schedules
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Since m o cannot be negative, the limiting energy content of the fluid is

h _. hf + hfg.

These relations are most readily evaluated by means of the Mollier

charts of fluid properties.

A pH diagram of the logic processes is shown in Figure Z. The

initial condition of the fluid into the pump is h o and the outlet state is

h - l-i . -- -

o p J
av P

where _P = pressure rise

P = average density
av

p = pump efficiency

In the transfer line from the pump to the tank, the process is pri-

marily one of constant enthalpy due to the relatively low velocities and
well-insulated lines. The fluid arrives at the tank at nearly the same

energy content as at the pump discharge, as represented by theverti-

cal line from h to m o. Within the tank the total energy content is un-

changed, however, the phase separation results in the fluid having an

energy content, hf, and the vapor having an energy content, h_, under

the equilibrium conditions which will exist after the shutdowngof the

pump.

Tank Pressure

During operation, the pressure of the recovery tank affects the

amount of liquid recovery due to the variation of fluid properties within

the two-phase region. In general, a higher pressure results in less

vapor formation and a greater recovery of liquid, except near the satu-

rated vapor line.

For the simple throttling system, this variation is of no conse-

c,uence since the amount of liquid which is ultimately available depends

only upon the final "use" pressure of the tank. A greater recovery

during operating transients simply boils off as the pressure falls to the

8
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final (usually ambient) pressure after the flow _n.to the tank has stopped°

Therefore, the basic parameters for the recovery of liquid in a simple

system are the fluid's initial energy content h, and the final tank pres-

sure which determines the value of hf and hfg.

Liquid Entrainment

Liquid entrainment in the -_ert gas represen, s ar. add:t;or.aJ !os,_ of

liquid for the throttling syste_n ar.d .s a func_ior_ of the droplet size and

turbulent velocities within the tank_ The turbulent velocities will vary

with tank size_ flow rates and liquid level, and the res_lti.ng erAra>r.,.-

ment is generally an indetermlnant quantity which must be obtained

from tests. Baffles and centrifuge-type flows are employed to mini-
mize this loss

The subcooler will reduce er.tra:rmer. • ]osses substantially if the

heat exchanger has a high effectiveness ar._dthe catch, tank pressure is

equal to the saturation pressure of ,he incom!r_g ._u:do

2. Vapor Heat Exchanger Recovery System

The boiloff vapor in the tank is considerably cooler than the incom-

ing fluid and this temperature difference can be utilized in a heat ex-

changer to improve the recovery rate of the system_ The heat exchanger

must be located near the tank, as shown in Figure iG to obtain a maxi-

mum temperature difference and cooling of the incoming fluid. The

cooling results in an increase in liquid recovery, and the amount of im-

provement depends upon the temperature difference between the tank

vapor and the high energy fluid, the amount of boiloff vapor and the

effectiveness of the heat exchanger. The temperature difference is a

function of the pressures in the tank and in the heat exchanger dur_.ng

operation. The basic thermodynamic process is shown in Figure 2

If the tank operating pressure is higher than the fina] '_use" pressure

further boiloff reduces the recovery, as discussed in detail in Appendix

A. This final recovery is expressed:

h -h}

/E h'
h hf 1 + h_g V V

m _ 1 - hfg (_)

where primes indicate enthalpies at tank operating pressures

E = heat exchanger vapor s:de effec*:veness
V

10
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Ah v = C (Tmax- Tf)P

C . = specific heat of tank vapor
P

Tmax

!

Tf

= temperature of high pressure fluid into the heat

exchanger

= tank vapor temperature at operating pressure

By combining Equations (1) and (2), the additional recovery pro-

vided by the heat exchanger is obtained in terms of operating and final

conditions:

m -mo=

h-h I

f

hig{l + h_EvAh v)

It should be noted that the heat exchanger will improve recovery at

energy levels beyond those at which m o = 0. Here the upper limit is

determined by the differences in the specific heats of the vapor and the

high pressure fluid, and the effectiveness of the heat exchanger. These

relatio.ns may be expressed by

hma x f(T) i hfg + E G-p(T - T O)

where hma x f(T) = maximum energy level of incoming fluid as de-
termined by its temperature, T

_p = average specific heat of vapor between tempera-

ture T and T o

E
v

T

= heat exchanger effectiveness

= temperature of high energy fluid

To = temperature of vapor

11
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a. Tank Pressure Effect

In general, the higher the tank pressure, the lower the amount of

recovery. This is due to the adverse effect of pressure on the heat
!

capacity, Ahv, of the vapor and the subsequent boiling of the recovered

liquid as the pressure falls to the final tank pressure after shutdown.

As shown in Figure 3, the heat capacity of the vapor reduces with in-

creased pressure, particularly at low temperatures. Thus, a substan-

tial loss in vapor may occur after shutdown. For a decay from 60 psi

to ambient, the boiloff, or loss in recovery, is i0 to 15 percent, which

is equivalent to most of the potential gain of the heat exchanger.

From these considerations, it is evident that the tank pressure

should be as near the final tank pressure as possible. This means that

the vapor side pressure drops in the heat exchanger and vent line are

critical. A large vent line diameter (compared to that of the simple

recovery system} and a large heat transfer surface area are required

for maximizing the recovery.

b. Heat Exchanger Pressure Effect

The temperature difference is greatest when the high pressure

fluid is in the region of the Joule-Thomson inversion, which occurs

near the dome in the supercritical region of the fluid. For liquid hy-

drogen, this region occurs at 200 to 1200 psi pressures, a good average

being about 500 psi, as shown in Figure 4. Thus, the inlet pressure to

the heat exchanger should be regulated to this range for maximum

recovery.

c. Heat ExchanGer Performance

Generally, a high effectiveness is warranted for this type of sys_

tern. Then, the variation of E v wi_h the vapor flow rate, { i = m}, will

be relatively small and the use of an average value of E v for the range

of fluid conditions will yield information which is adequate for prelimi-

nary design or system evaluation purposes. Figure 5 shows the per_

formance of a heat exchanger system as compared to a throttling

system. The calculation was based upon the maximum temperature

differences and an effectiveness of 0. 95. It is evident that this system

offers a substantial improvement in recovery, particularly at the high

pressure and temperature conditions. At the test pump design point,

12
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the system recovery is 60 percent, or 15 percent above the recovery

of the throttling system. This increase represents an improvement

of 15/45, or 33 1/3 percent, over the basic system.

d. Effect of Liquid Entrainment

An added feature of the heat exchanger system is the evaporation

and elimination of liquid from the vent gas. This results in an im-

provement in recovery which is directly proportional to the amount of

entrained liquid.

Near the vent gas inlet, the heat exchanger acts simply as a sub-

cooler where the net energy exchange is due to the heat of evaporation

of the liquid. This energy exchange only brings the recovery up to the

amount that would occur if there were no liquid entrainment. Then the

remaining portion of the exchanger performs in the manner described

previously. Obviously, this performance will be less efficient in the

sense that the full cooling potential of the resulting vapor is not uti-

lized. By increasing the surface area and/or increasing the vapor

pressure drop through the exchanger so that a high effectiveness is

maintained, the full potential recovery of the heat exchanger method

can be obtained with liquid entrainment inthe vent gas. This is shown

analytically in Appendix A.

3. Turbine Recovery System

The greatest improvement in recovery is obtained by a turbine

which extracts work from the high energy fluid. Figure ID shows the

system diagram. The turbine is located near the test pump primarily

to minimize the length of high pressure lines. Unlike conventional

turbomachinery wherein there are large changes in density, the loca-

tion is not critical. However, an optimum does exist, and this opti=

mum does exist, and this optimum is more a function of economic

factors than pressure drops fore and aft of the turbine in the transfer

lines and catch tanks.

Referring to Figure Z, the turbine energy extraction, A h t, is a

function of the available pressure differential after the appropriate

deductions have been made for fluid transfer, changes in elevation_

and single-phase flow pressure level requirements. This extraction

may be expressed simply by

16
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AP _lt
Aht _ t

JP av

where APt = pressure drop across turbine

P av = average density

_t = adiabatic efficiency

or, may be obtained from the Mollier diagrams cf thermodynamic prop°,

erties. Then the turbine system recovery may be expressed

m t
=i

(h = h.) _ Ah t

hfg

Subtracting the simple system recovery,

to the turbine is

Aht _Pt _ t

m t - m -
o hfg Jp avhfg

the net improvement due

a. Effect of Efficiency

The above expression indicates a direct proportionality between

recovery and efficiency, where the proportionality constant is the ideal

work extraction divided by the heat of vaporization of the catch tank

liquid,

Thus

d(m t - m o) A Pt
o_

d_ t Jp avhLg

b. Effect of Pressure Drop

These relations also indicate the relative importance of pressure

drops in the lines, since line friction losses and restrictions reduce

the pressure drop available for the turbine. The loss in recovery,

therefore, is dependent upon the attainable turbine efficiencies over

the usable pressure drop. For the range of pressures and tempera_

tures of the M-I test pump, the penalties for high pressure or low

17
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pressure restrictions are nearly equal so that an incremental loss in

recovery, hm L, can be expressed as

h PL _t

Am L =

where A P =
L

pav J hfg

line pressure drop

_t = attainable turbine efficiency

av
= average density over the available pressure drop to

the turbine.

c. Turbine Effect on Liquid Entrainment

The substantial increase in recovery will mean a corresponding

reduction in vent gas flow rate and a reduced turbulence within the tank,

particularly in the initial part of the test run. At the end of the run, a

fuller tank will result ina high turbulence, and probably a high per-

centage entrainment loss. Therefore, the primary effect will be a

lower entrainment loss due to the greatly reduced flow rate of vent gas.

•t. Gombination Turbine and Heat Exchanger System

The combination of a turbine and heat exchanger will result in a

small improvement over the turbine system aione, particularly for the

lower recoveries obtained for high energy, or off-design point condi-

tions. A heat exchanger downstream of the turbine (Figure 1E)

would extract an additional recovery,

m - m t

1 - m t

E /_hvt
V

where m is the turbine recovery andhhvt = f(mt), Figure 2.
t

Glearly, if the turbine recovery m t, is high, the heat exchanger

contribution, (1- rot), is small.

18
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Again, this system is subject to the same operating pressure con-

straints as the heat exchanger system, and low tank pressures and

vent line pressure drops are required for attaining the above

performance.

If the heat exchanger is located upstream of the turbine, (Figure

IF) the improvement is expressed:

(1 - mo) o Aht:/hfg
m - m t =

1 + hfg/Evt',hvo

where Ahvo = f(mo), Figure 2.

Since m t = m o + _ht/hfg, the two expressions are nearly the same

except for the value of Ahvt and Ahvo , and a small change in the avail-

able workAht, for the two conditions. SinceAhvo is considerably

greater than Ahvt, a greater recovery is possible with the upstream

position. However, this position may require a long, large-diameter

vapor line from the recovery tank which will incur a severe heat leak-

age penalty and thereby reduce the effectiveness of the vapor for sub-

cooling the fluid into the turbine. Either the maintenance of this line

at cryogenic temperatures or the transient heat capacity would add

more heat than the vapor can absorb. Therefore, this system will not

perform as indicated in installations where the distances between the

basic components are as great as that of the Aerojet test stand.

5. Typical Performance Values

Attainable turbine efficiencies are dependent upon specific speed

relations as discussed in the next section. For the M-I pump flow

rates and pressures, an efficiency of 90 percent appears possible. Al-

lowing 200 psi for pressure drops and single-phase flow pressure

requirements in the return line, the potential increase in recovery for

a turbine is

1600 x 1.44 x. 90
m t - m o =

778 x 4.3 x 1. 84
34 percent

The improvement over the throttling system is thong, or 75 percent:.
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The relation of efficiency to recovery is then

dam t - 0. 38 percent recovery/percent efficiency

d_ t

Similarly, the loss of recovery due to pressure drop is

A m L

AI:'L
- 0. 021 percent or 2. 1 percent

psi 100 psi

When these values are converted into total flows of liquid hydrogen

and related to the cost per gallon, the basic economic implications of

the above recovery methods can be ascertained.

Based upona current cost estimate of $0. 50 per gallon for liquid

hydrogen, the potential or gross savings factors of the above para-

meters and components are summarized in the following table.

Total gallons LH 2
IZ6,000,000

Cost of LH z (at $0. 50 per gallon) $ 63,000,000

(1) Value of one percent recovery $ 630, OOO

(Z) Value of each percent turbine efficiency $ Z38,000

(3) Value of each Z00 psi pressure loss in

lines of turbine system

$ 1, 4OO, 000

(4) Value of heat exchanger recovery at
an effectiveness of 0. 95

$ 9,500,000

(5) Value of turbine recovery, 90 percent

efficiency, 230 psi line pressure drops

$ El, 400,000

These values show the relative importance of some of the basic

parameters which govern the economic aspects of system design.

From these (gross) values must be deducted the cost of the recovery

system and its maintenance. These costs are evaluated in the following

sections of the report.
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Figures 6 through i0 present charts which are based upon the re-

lations presented above. Figure 6 shows the recovery and dollar

value of the simple recovery system for various pump pressures and

efficiencies. The dotted lines, which indicate the effect of tank pres-

sure, show the apparent recovery during a run as compared to the

actual recovery as a result of boilolf after pressures have receded to

the final "use" pressure.

Figure 7 shows the improvement in recovery of the heat exchanger

system. Total recovery is obtained by adding the corresponding values

of the simple system from Figure 6. This chart is based upon a tank

pressure of 30 psia during operation. A subsequent decay to 15 psia

would reduce the performance as indicated in Figure 6. These values

do not include liquid entrainment losses, which may be considered

fully recoverable by the heat exchanger system. Thus, an entrain-

ment loss of 5 percent will add this amount to the recovery shown in

Figure 7.

Figure 8 presents a similar chart for the turbine-absorber system

based on an 80 percent pump efficiency. Figures 9 and i0 present sim-

ilar values based on pump efficiencies of 70 and 60 percent, respec-

tively. The savings shown are from the improvement in recovery over

the simple system. Total recovery is obtained from the sum of Fig-

ures 6, 7, and the appropriate turbine curve (either Figure 8, 9 or i0).

With respect to entrainment losses for the turbine system, this

loss may be considered reduced by an amount which is proportional to

the total change in recovery. Thus, if the simple system yields 40

percent recovery with an entrainment loss of i0 percent, and a turbine

system has a total recovery of 80 percent, the vapor flow rate has been

reduced from 60 percent to Z0 percent, or one third. The correspond-

ing entrainment loss would be 3 1/3 percent and the total recovery

about 77 percent. Thus, the improvement due to the turbine would be

47 percent instead of 40 percent as indicated by the charts.

6. Cooldown Losses

The amount of liquid hydrogen that would boil off as a result of

contact with normal temperature equipment is very high, and varies

with the degree of sensible cooling that is done by the vapor before its

escape into the atmosphere. The maximum boiloff, as exemplified by

the immersion of a solid into a pool of liquid is 0. 35 ib/ib for aluminum
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and 0. 18 ib/ib for steel. Here, only the latent heat of evaporation

cools the material. The minimum boiloff is obtained when the vapor

is not released until its temperature and the material temperature are

the same, which is the type of cooling that may be obtained in a long

pipeline or heat exchanger at low flow rates. The minimum liquid

hydrogen required is 0. 07 ib/ib and 0. 036 ib/Ib for aluminum and

steel, respectively. The difference between minimum and maximum

requirements are obviously substantial_ the ratio being roughly 5 to i.

The inner pipe of the Aerojet return line weighs about 45,000 ib

and would incur a maximum boiloff of 8i00 ib of liquid hydrogen during

startup from a warm condition. This amount is roughly 4-i/2 to i0

percent of the total pump flow per run. If a small amount of LH Z were

admitted prior to each run, the minimum boiloff would be attained, or

1620 ib/run.

The costs of these cooldowns, at 50 cent:s/gallon, would be about

$7000 maximum and $1400 minimum, per run. For 84 test runs per

year, these costs are $588,000 and $117,500, and the five-year totals

are $Z, 940,000 and $588, 000, respectively. For a five-ton turbine

which is made of steel, the range is $645,000 to $129,000 for the five-

year period. The Z5-ton heat exchanger, made of aluminum, would

incur the minimum cooldown losses due to a high surface-to-weight

ratio and would be $i, 250,000 for the test period.

Clearly, methods of reducing the cooldownlosses are desirable,

provided that costs do not exceed the savings. The simplest method

is to reduce equipment temperatures by circulating the storage tank

boiloff vapors through the line and equipment between runs. This

vapor is essentially free and has a generally adequate cooling capacity

if the fluid levels in the supply and catch tank are above a certain min-

imum, and if the heat leakage into the equipment is minimized. For

short lines, a foam-type insulation may be adequate, whereas for the

Aerojet facility, a superevacuated_type insulation can readily be

justified.

Basic Parameters Affectin_ Cooldown Losses

At cryogenic temperatures_ the cooldown losses are reduced in

two ways; a lower temperature drop, and a reduced specific heat of

the metal. The specific heats of both aluminum and steel at 200°R are

about one-half of their normal temperature values. In addition, the
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effective conductivity of the cryogenic insulation, particularly foil-

wrapped vacuum jacketing, is lower so that heat leakage is not linearly

proportional to the temperature difference. Thus, at a reduced tem-

perature of 100-200°K, the maintenance cooling does not require a

proportional increase in boiloff liquid or vapor flow rates to maintain

the low temperatures. As shown in Appendix B, optimum maintenance

temperatures exist for various types of equipment, and these temper-

atures are dependent upon the surface area weight ratio times the con-

ductivity of the insulation. In other words, the cooldown penalties of

cryogenic equipment are very similar to the drag penalties of airborne

equipment. Weight and volume, which are generally not critical for

ground installations, become important parameters in cryogenic

installations.

With very large scale structures, such as the E-2 test facility, an

additional factor arises which lessens the cooldown loss and which com-

plicates the problem of analysis. This factor is the large heat capacity

and the resultant thermal lags that are inherent in well insulated, large

scale cryogenic equipment. On the basis of the test schedules for the

M-1 pump, steady-stage conditions will not be attained between runs,

so that cooldown requirements must be determined from the transient

thermal response characteristics of the system, rather than from

steady- state relations.

Lumped Parameter Time Constants

Lumped parameter time constants are useful for obtaining an ap-

proximation of the rate of temperature change of an insulated material

as a result of a heat input which is proportional to the temperature dif-

ference. A simple heat balance on a slab of material having a weight,

W, and a surface area, A, is

WCdT = UA s (T a -T} d_

The first order time constant is

WC
0tO roximately= .... = __, app

UA s k/x

The initial rate of change is

T -T o
a

dt/ =
de

Z8

I



I
I
I

I

I
I

I
I

I
I
I

I
I

I
I

I
I

where C = specific heat of the material {at LH2 temperature}

k/x = conductance of insulation

p = density ofthe material

t = thickness

T a = ambient temperature

T = material temperature

T o = initial material temperature

For a large storage tank with an inner wall of steel, one inch

thick, and insulated with two ft of evacuated Perlite_ a typical time

constant is:

500 x 1/12 x.05

•0007/z

= 6000 hours, or about 8 months

The initial rate of change would be AT/T or 484____°°
or less than 2 deg per day. 6000

= . 08 ° per hr,

Pipe line temperature change rates would be greater due to less

insulation and thinner walls. For the Aerojet configuration where

k/x = . 009 Btu/hr-ft Z - OF and the 18" pipe wall thickness is 0. 438 in.

T = 140 hr or 5.8 days

The initial rate of change would be

484
- 43O/day

5.8

The warmup process of a turbine between runs is considerably

more complex; however, certain simplifications are readily apparent

from a consideration of the primary resistances to heat flow. As with

the tank and pipe line, the major resistance is the insulation, which

will be a vacuum, powder-filled jacket. The resistance through the

housing and into the blades is negligible. Between the blades and rotor

structure, the primary resistance is convective hydrogen_ which is

Z9
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low at cryogenic temperatures. However_ the surface area of the blad-

ing is high so that the overall resistance between the rotor and stator

is small compared to that of the insulation• Therefore, little error is

incurred if the entire mass and structure of the turbine is considered

a lumped parameter for which the first order time constant may be

written

WC

k/xA
s

whe re A = i00 sq ft
s

W = i0,000 Ib

C = . 05 Btu/ib°R at cryogenic temperatures

k/x = . 010, includes support conductivities

T = 10, 000 x • 05 = 500 hr
• O1 x 100

Thus, the initial warmup rate of the turbine will be about

dT AT

do T
- lO/hr

or 24 ° per day

A similar approach may be taken with respect to the heat exchanger

response time. Here, the outer shell is connected thermally to the

tubing bundle by many baffle and tubing support structures, side walls,

and by free convection conductances. The thermal res{stance between

the inner mass and outer shell is small compared to the resistance

across the insulation, so that the lumped parameter approach is ap-

plicable. Since the structure is aluminum, the following values apply.

W __

G =

A s =

k/x =

50, 000 ib

0. i0 Btu/ib°R at cryogenic temperatures

800 sq ft

• 005 (x = 6 in. supports included)

3O
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50,000 x° i0

. 005 x 800
= 1250 hr

and dT 484
- x 24 = 9.3°/day

d @ 1250

These approximations provide a preliminary insight into the

warmup characteristics of the system and the cooldown losses that may

be incurred by the various components of the recovery system during

startup. After the initial cooldown, the boi!off vapors from the supply

and catch tanks will vary with liquid levels in the tanks but will not

vary greatly in temperature as a result of the large thermal lags in the

tank structure. As the vapor passes into the lines the temperature

rise will be near that of the pipe walls, which means that the vapor

would enter the turbine section at a higher temperature than the tur-

bine, and, in effect_ would increase the turbine temperature faster

than heat leakage from the outside. Thus it would appear to be pre-

ferable to bypass the turbine between runs to minimize its cooldown

penalty. However, on an overall system basis_ this concept may or

may not be valid due to the variation in specific heats and insulation

conductances at liquid hydrogen temperatures. If the average pipe line

temperature is lowered as a result of the transient heat capacity of the

turbine to the extent that the average specific heats and conductances of

the insulation of the complete system are lowered_ then the turbine

should be included in the vent circuit°

Obviously, detailed analysis of particular systems are necessary

for the evaluation of these inter-relations. Fortunately, these effects

on the costs of the heat exchanger and turbine-absorber recovery sys-

tems for the Aerojet facility are relatively minor, so that elementary

approximations are satisfactory at this time° As indicated by the time

constants above, the turbine temperature rise in 4 days would be about

96 ° + 42o or 138°R. From Appendix B_ the cooldownloss ratio, c, is

. 0042 (min) and . 008 (max). For the turbine, which has a weight of

about i0,000 ib, this loss is 42 to 80 ib per run, or 3500 to 6400 ib of

liquid hydrogen per year.

Similarily, the heat exchanger temperature rise would be 4 x 9. 3

= 37 ° , or a rise of 79°R before each run. The cooldownloss factor

for aluminum is a: • 0015 min and °002 max. At a weight of 50,000 ib_

the cooldownloss would be near the minimum of 75 ib/run or 64 ib/

year.
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When these values are compared to those indicated for the uninsu-

lated components, it is clearly evident that substantial savings result

from insulating and maintaining low temperatures.
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II. E-2 TEST STAND

The design and performance of a recovery system is dependent

upon the pressure levels and flow rates in the system and the pressure

drops necessary for movement of the fluid and vapors. Also, the dyna-

mics of the system and the required controls are related to the mass of

fluid in the lines and the response rates of the control elements.

With respect to the E-2 test stand_ the existing tankage, lines, and

control valves represent certain constraints which have an important

bearing onthe design of components which must be integrated into the

system.

Figure ii shows a line diagram of the E-2 test area recovery line,

tank, and vent system. Figure 12 shows the location, routing, and

principle dimensions of the lines, and the control elements at the

catch tank.

An important consideration in the design of a turbine power ab-

sorber is the range of operation of the test pump and the amount of

test time or liquid hydrogen that is expended in off-design point testing°

Figure i3 shows the operation envelope for the M-I pump and Figure

14 gives the time duration of the tests for a period of three years. The

upper curve of Figure 14 shows the amount of time spent per quarter on

design point and off-design point tests, and the lower curves show the

accumulated test time for the three-year period. It is evident that the

off-design point tests will require less than I0 percent of the total

time, and approximately I0 percent of the total liquid hydrogen

consumption.

Other data pertinent to the study which was requested from Aerojet

is summarized as follows:

Heat Influx from Pump to Catch Tank

10,500 Btu/hr

Pressure Drop K Factors

a. Control valve to orifice: K = 4. 4

Line diameter: 12 in.
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b. Orifice to Catch Tank: K = 5. 8

K = fl/d = .014 1/d

Line diameter: 18 in.

Vent Flow Rates and Flare Velocity

The minimum velocity for the flares can be determined from the

boiloff of LH 2 from V-E2 which may be as low as ii0 ib in any 24-hour

period. The working maximum is expected to be approximately 18 ib/

sec at 60°R. The maximum condition for which the flare is designed is

120 ib/sec at 37°R. This flow will result in an exit velocity of approxi-

mately ii00 fps. Pressure drop work is currently done using a com-

posite K factor of 5. Exit diameter is 17.75 inches.

Load Capacity of Vent Line Supports

Preliminary analysis indicates that the vent line support towers

could carry the weight of an additional 24-in. vent line without any

major structural changes. All main columns are adequate.

Cooldown Conditions

The vent gases from the supply and catch tanks are circulated

through the transfer lines between runs to maintain low temperatures

and minimized cooldown requirements. The total flow rate is about

i000 gallons per day. The cost of the present recovery system was

also requested for the purpose of comparison with the estimated cost

of the equipment to be added. The approximate total is $I, 435,000 of

which $245,000 is for 7 valves and $200,000 is for controls, purge and

deluge systems and instrumentation.
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III. TURBINE DESIGN STUDIES

From the previous studies, it is evident that the important param-

eter for a turbine recovery system is a high stage efficiency. Since

each percentage point of recovery is worth about $630,000 in terms of

the cost of liquid hydrogen, each percentage point in efficiency is equal

to 0.37 x 630,000 or $232,000. Therefore, a design which would pro-

duce the maximum attainable efficiency at a reasonable cost in money

and time appeared to be the proper approach to the problem.

From the specific speed standpoinG the head-capacity-relations

indicated that an efficiency of 88 to 9Z percent was attainable in either

a single radial machine, or in a multistage axial machine.

The single-stage radial machine would have the added advantage of

providing a high off-design point efficiency through the use of a variable

area nozzle, whereas the axial machine would require a bypass of fluid

and a reduced recovery for off-design conditions. However, a multi-

stage machine would be more flexible with respect to design speed.

Lower speeds can be used to match certain types of power absorbers

without going through a gearbox, which is an important aspect from a

cost and reliability consideration.

Thus, there are essentially two basic types of machines for this

application, a high speed (variable area nozzle) radial machine and a

low speed multistage axial machine, which is suitable for a direct drive

of available power absorbers. The design problems of each are of the

same order of magnitude as the M-I pump design, where the high con-

centration of power involves severe stress and thrust balancing prob-

lems in addition to the effects of cryogenic temperatures on bearings,
seals, and clearances.

i. Radial Turbine Design

High turbine efficiencies can be obtained in a single-stage radial

machine, provided that the specific speed is a maximum practical

value. As shown in Figure 15, efficiency increases with speed and de-

creasing diameter until about 25,000 or 30,000 rpm_ but the gain is

small above Z0,000 rpm. Therefore, Z0,000 rpm was selected as a

design point for this part of the study.

From the standpoint of current power absorber designs, a much

lower speed would be desirable in order to obtain a direct drive

assembly. But this speed limitation (of 6000 to 8000 rpm) would result

in a considerably lower efficiency machine, as indicated by the specific

speed data. Therefore, the design of a radial machine was not con-

sidered to be restricted by power absorber speeds, and reduction gears

would be used, if necessary. Thus, the problem statement which was
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assumed for the radial machine design is as follows:

Inlet Pressure, psia 1750

Discharge Pressure_ psia 180

Inlet Temperature_ OR 60

Flow Rate, ib/sec 588

Speed, rpm 20_000

Efficiency_ percent 92

A preliminary design sizing for the radial inflow turbine was con-

ducted, and a summary of the pertinent dimensions and fluid state

points for the resulting 15-in. diameter impei]er are given in
Appendix C.

Figure 16 shows the corresponding state points on the enthalpy-
entropy diagram.

is

The Reynolds Number based upon the hydraulic radius at the exit

Reexit = 2.7 x 108

At the se values, the roughness factor of the channel passages has a

large effect on frictional losses. Therefore, very smooth or polished

surfaces will be required.

As shown in Figure 17, the wheel is double-shrouded to reduce

leakage flows and to minimize the thrust forces on the bearings. The

labyrinth seals are designed for high pressure differentials with wear-

in fins to minimize the final clearances.

The nozzles will be the variable vane angle type to provide for the

range of flows and pressures produced by the test pump. Some losses

will occur due to mismatches in velocity vectors at the off-design

points but, in general, the overall recovery will be higher than that of

a fixed area machine, since no bypassing of fluid will be necessary. A

maximum amount of work will be extracted from all the fluid passing

through the machine.

Performance

The predicted performance for the radial machine, equipped with

variable area nozzle vanes and matched to the M-l turbopump output,
is tabulated in Appendix C.

It is to be noted that the variable area feature permits excellent

recovery gains for all areas of the turbopump map. For the assumed

basic turbine efficiency of 0.92, the total hydrogen recovery exceeds a

minimum 75 percent of original inventory for any operating point.
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Mechanical Design

The turbine wheel shown in the drawing is made of aluminum

(Type 6061) and is fully shrouded to minimize leakage and to provide

thrust balancing forces. The inlet blade angle is 90 ° and the inducer

blade angle at the average discharge diameter is 40.5 ° . These are

preliminary values and are subject to detail design modifications.

Thrust balance of the turbine is achieved by appropriate selection
of the labyrinth seal locations on the inducer shroud and backside of the

turbine wheel. The pressure drop across these seals is approximately
800 to I000 psi.

The turbine wheel is mounted to an Inconel 718 shaft and drives

through a gear type (Curvic) coupling. The shaft wheel attaching bolt

is fabricated from Invar. The turbine shaft is supported in a two bear-

ing system, one bearing is hydrogen lubricated and the other is warm
oil lubricated.

The hydrogen lubricated bearing_ at the t_rbine end, is a ball bear-

ing which is preloaded thrust-wise by means of a spring and sleeve

arrangement, as shown in the drawing. The bearing utilizes an

Armalon separator, which has proved successful in various other cryo-

genic bearing applications. The output end of the shaft is supported in

a sleeve type journal bearing. In addition, a "Kingsbury" type thrust

bearing is incorporated to accept the transient unbalances which are

incurred in start-up or shutdown as well as any residual thrusts that

may be encountered from the loading equipment.

The sleeve and thrust bearings are lubricated by an external pres-

sure oil system. The bearing cavities are separated by redundant

seals. A carbon face bellows seal is used as the primary seal. The

back-up seal is of a pressurized labyrinth design. In order to prevent

contamination of either the oil or hydrogen which is used as bearing

lubricants gas buffering of the bearing cavities is utilized by using

pressurized hydrogen. The buffer gas is injected in such a manner as

to provide controlled leakage in one direction only.

The turbine rotating group is housed in a structure fabricated from

CRES 304 stainless steel. The turbine torus is a constant area channel

which is internally stiffened with a series of guide vanes. The turbine

nozzle is of the variable area type. The design is such that continuous

modulation of the nozzle area is possible. It is intended at this time to

preset and lock the nozzles during each test run. Redundant static

seals are provided. These would include pressure actuated devices as

well as conventional seal members. The turbine is equipped with a

rigid coupling for direct connection with the driven equipment.
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Z. Axial Flow Turbine

In order to obtain a low speed machine that can be directly coupled

to a low speed power absorber, an axial flow design was investigated.

Multistaging permits lower blade velocities and rotating speeds, and a

split flow design eliminates thrust loads and high pressure seal prob-

lems. Therefore, this approach was considered attractive if the

recovery characteristics were acceptable.

Studies indicate a double (or sp]J_!_flow machine with seven stages

per side as the optimum configuration. The flow enters the turbine at

the center from an inlet scroll which is connected to the iZ-inch supply

line. The flow splits, passes through the two sets of turbine blades,

and discharges through exit collector plenums at both ends of the ma-

chine. The flow paths are then merged prior to entry into the 18-inch

discharge line. This unit is shown in Figure 18. The tentative design

speed has been selected as 6750 rpm. Based on state of the art design

techniques, a total-to-total blading efficiency of 0.90 can be attained

with this machine.

The unit is designed to drive two pneumatic or hydrodynamic load-

ing devices which are mounted on either side of the turbine.

Detail Design of Turbine

Initial calculations indicated that if an adequate stage specific

speed, N s, is selected, a high value of blading efficiency could be

obtained through the use of current blading design techniques. As a

result of this, a six-stage axial flow turbine was investigated.

Several disadvantages were immediately apparent. One major

disadvantage was the very large axial thrust forces generated by the

turbine which would reach levels of ten to twenty tons depending on the

particular match point between the test pump and turbine. This thrust

could be decreased somewhat by designing constant pressure (or

"impulse") hub sections for the rotor blading_ but this is at the expense

of lower attainable stage efficiencies. A thrust-balancing piston could

be employed at the expense of increased shaft and bearing complexity,

but the disc friction power required to drive this device would merely

be fed back into the system as a heat input with a subsequent decrease

in hydrogen recovery.

In addition to the above, the high pressure shaft seal is a consider-

able mechanical problem. As will be seen in a later section, the re-

quirements for such a seal, operating under as much as a 2500-psi

differential head, fall far outside the current state of the art in seal

de sign.
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Since the turboexpander system ultimately proposed to NASA must

be of a "minimal risk" nature, these mechanical drawbacks, which are

inherent in a single-flow axial concept {and to a lesser degree in the

radial inflow turbine) must be minimized.

As a result of these considerations, the double-flow axial turbine

is presented as an optimum turbine configuration. As can be seen from

Figure 18, no high pressure seal is required and the axial thrust

forces, as developed by each half of the turbine_ effectively cancel one

another at all operating points on the pump map. It is to be noted that

as long as proper stage specific speeds are maintained for the double-

flow concept, no significant decrease in efficiency below the level of

the single-flow multistage axial turbine will occur.

The currently attainable performance of well designed axial flow

turbines is given in Figure 19 in terms of stage total-to-total efficiency

and specific speed. It is evident from this curve that to obtain the

highest possible design efficiency_ while at the same time minimizing

the number of stages, the stage specific speed should not be lower than

about 75. Thus, for a given rotating speed, N, and volume flow, QZ,

the number of stages required is readily determined and the speed of

the axial turbine can be selected so as to properly match an available

loader. The number of stages may then be adjusted to obtain an opti-

mum stage specific speed.

Basing the decision on a survey of low speed loader characteris-

tics, a speed of 6750 rpm was selected as the design speed of the tur-

bine. With this speed, and the volume flows derived from the design

point exit pressure of 180 psia, seven stages were obtained as optimum

for the design head. Thus, seven stages per side must be employed for

the double-flow machine.

Having determined the work required per stage_ the selection of

optimum blade geometry must then be made. This selection also has

a direct bearing on turbine diameter inasmuch as changing the blading

work coefficient from one of pure impulse to one of pure reaction re-

quires a diameter increase of more than 40 percent. Generally speak-

ing, the higher the reaction, the higher the efficiency. For a given

flow rate, however, the resulting higher diameters will produce

increasingly smaller passage heights with attendant increases in sec-

ondary and leakage losses. An optimum value of stage reaction_

therefore, is implied by the foregoing trends.

In order to clarify the above relationships_ an analysis was con-

ducted with the goal of determing the best vector diagrams for the

axial turbine staging. Details of this analysis are given in Appendix C.
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The resulting optimum vector diagrams were calculated for a

typical stage (in this case, the lastl at the hub_ mean and tip stations

for values of C_lh = 70 ° and kb = 0.7. These are shown in Figure 20
together with the pertinent dlameters. The hub diameter which results

is 13.34 in., and the tip diameter is 15.74 in. The corresponding tan-

gential tip speed for the blades is 465 feet per second.

In order to greatly simplify the mechanical design_ a constant hub

diameter has been specified together with the same rotor and stator

blades for all stages. Since the working fluid is virtually incompres-

sible, very little change in annulus height is required.

Using the optimum blade row solidities of Reference 3, it has been

determined that ninety-seven (97) rotor blades are needed per stage for

a chord length of one inch. In addition, eighty-one (81) stator blades

are needed for a chord length which varies from 1.00 inch at the hub to

i. 25 inches at the tip.

The first stage nozzles are an exception:, however, as they must be

matched to the flow velocity and direction emanating from the inlet

volute scroll. Very little turning is required from these vanes, and

because of this, uncambered profiles will probably be specified for the

final design.

The recovery turbine is peculiar in that any energy available at the

shaft must merely be dissipated in a convenient load. Because of this,

such quantities as disc friction and bearing and seal losses, which are

normally considered in a typi_:al turbine design, are not pertinent fac-

tors in the present analysis. As seen in foregoing sections, improve-

ments in hydrogen recovery over and above simple iso-energetic

throttling are directly proportional to turbine efficiency, which means

that a maximum "blading" efficiency is desired. Since the effect of

reheat is very small, if not negligible, the stage total efficiency is a

good approximation of the overall total-to-total efficiency. The esti-

mated overall _T-T for the double flow multistage axial turbine is
thus 0.90.

Maximum "blading" efficiency is achieved by optimizing the vector

diagrams and minimizing flow diffusion on the blade surfaces. In addi-

tion, a careful attention to the leakage over the blade tips is required.

In a multistage axial turbine, leakage paths occur across both the stator

and the rotor. In a typical turbine design, these leakage flows are con-

trolled by multi-gland labyrinth seals for the stators, but in the rotors

they must be controlled by minimizing the running clearance between

the blade tip and the stationary shroud. The latter is more difficult and

becomes quite critical for low blade heights. For the subject turbine,

however, the very low stress levels in the rotor permit the attachment
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_I = STATOR EXIT ANGLE
61 = ROTOR INLET ANGLE

B2 = ROTOR EXIT ANGLE
_2 = 5TATOR INLET ANGLE TO FOLLOWING STAGE

NOTE: VELOCITIES GIVEN IN FPS

_! = 66.70
C_. = 00
B! = 3 -1°
B_ ='66"20

_! = 68.30
_ = 0 °
B! = 22-1°
B_ = -64.6

_! = 70 °
= 0 °

6, = 39.A°
B_ = "62"5°

Figure 20. Design Vector Diagrams

Last Stage (VII)

LH2 Turbine
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of a rotor tip shroud band. The use of this ring and a mating labyrinth
gland will give good control of the rotor leakage flows.

Detail analysis of the seals results in the specification of a six

gland labyrinth for both blade rows (the same for all stages}. Opera-
tion of these seals at a running clearance of 0.010 inch will limit the
flow leakages to about one half of one percent of the annulus flow.

Thus, the efficiency penalty per stage is limited to about one percent.

It is a well-known fact that the frictional losses in the blade pas-
sage of a typical gas turbine are directly affected by the level of the
flow Reynold's number. The very low viscosity of liquid hydrogen
results in extremely high values of Reynold's number, in fact so high
that the frictional losses are independent of Re and are a function of
surface roughness only.

The Re level of the rotor blades, based on the one-inch chord line
is 5 x 107. For a minimum loss at this Re, a surface finish of 4 rms

is required. Since it is unlikely that this level of finish can be
achieved, it becomes readily apparent that the surface finish of the
blades will have a direct effect on the maximum attainable blading
efficiency. Surface finishes of 32 rms and 63 rms result in efficiency
decreases of five and six points, respectively, below the theoretical
optimum. The method of manufacture must be carefully considered in
light of the above. Since all rotor blades are the same cast, one piece
rotors of 347 Stainless Steel are attractive from the cost standpoint.

However, if the as-cast surface finish of these parts cannot surpass
63 rms, then the rotors will probably be machined from Inconel 718

pancake forgings with high surface polish as a goal.

Cavitation Considerations

In the case of hydraulic turbomachinery, cavitation effects must be
considered as a matter of course. This is particularly true in pump
design, but not necessarily in the case of a hydraulic turbine where it

is usually neglected. The reason for this is apparently due to the fact
that cavitation effects are normally confined to regions near the satura-
tion line which, for the turbine, means in the last stage, where the

chances for subsequent damage are small. In addition, liquid hydrogen
pump experience indicates that the damage resulting from cavitation of
liquid gas is much lower than that noted in water pumps.

If the cavitation region is large enough, the liquid flow will be
displaced and must then readjust to satisfy flow continuity. The

resulting shift in design velocity distribution will result in a perform-
ance inefficiency.

A cavitation analysis was conducted for this turbine and some in-

teresting comparisons were obtained. The details of the analysis are
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also given in Appendix C. The low volume flows and the low rotating

speed indicates that cavitation will not be experienced even with a

surface diffusion of 25 percent. Such is not the case for the radial

inflow turbine, which implies that incipient cavitation may exist at the

exducer shroud for design speed operation.

The data of Figure C-4 of Appendix C is of additional usefulness

when considering decreases in turbine back pressure as a result of

matching the pump flows in the high region of operation. Iterative

calculations show that the exit total pressure can be reduced to 100

psi before incipient cavitation is in evidence on the blades surfaces

of the last stage rotor.

Mechanical Design

Rotating Group

The turbine rotor is composed of fourteen rotor blade rings welded

together by the "Electron Beam" process with a center separating ring,

two end cones, and two output shafts (see Figure 18). Each rotor ring,

the center ring and the end cones are to be case 347 Stainless Steel.

A finish machirring operation will provide the blade height and an ade-

quate surface finish for each stage. The cast 347 provides good

material and weld properties at cryogenic temperatures (-400OF) and

also very good surface finish in the as-cast condition. The solid out-

put shafts are forged Inconel 718.

A stress analysis on the rotor group shows the maximum radial

blade stress to be 13,200 psi and a maximum tangential stress in the

last stage rotor hub, due to blade and pressure loading, to be 42,700

psi, which is very conservative. The margin of safety is 40 percent of

the material yield strength. This is for the worst possible pressure

condition. Buckling and torsional analyses were also performed in the

preliminary design of the rotor.

A critical speed analysis was performed on the rotor which indi-

cated a first critical at IZ,700 rpm, and the second at 17,700 rpm.

Figure 21 shows the resulting bearing loads. It is to be noted that these

speeds are well above the maximum possible turbine steady-state speed

of 78Z0 rpm and thus will present no problem.

With the aid of a digital computer, a detailed stress analysis was

made of the rotor with a goal of determining the tangential and radial

stress distribution in the rotor end sections. The results of these cal-

culations are shown in Figure ZZ and Z3.

The minimum hub burst speed for the turbine rotor end cones was
found to be 4Z,800 rpm at -400°F. The last stage rotor rings have the

lowest burst speed, which was found to be ZI,000 rpm at -400°F.
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Figure 21. Cryogenic Turbine Bearing Loads
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Again, it is to be noted that these speeds are well above the predicted
turbine free-run speed, which can be conservatively estimated attwice
the design speed.

The above data is impressive evidence of the anticipated high re-
liability and safety level of the multistage axial turbine design as com-

pared to that of the radial inflow concept.

Turbine Housin_

The turbine housing is a two-piece casting, made from 347 Stain-
less Steel. A continuous LH Z seal is provided at the bolted parting
surface.

Stator to rotor floating ring labyrinth seals are installed in
machined slots in the turbine housing. These cast 347 stainless steel
seals will accommodate any turbine housing warpage. Cast 347 stain-
less steel split ring stators are also installed in machined slots in the
turbine housing.

A two-piece housing was selected to eliminate multiple seals and
to facilitate turbine assembly.

A preliminary structural analysis was made on the housing to
check the case deflections to be sure that running clearances were not
excessive. A detail analysis on the inlet volute scroll will have to be
made in the final design. Mounting pads are provided in the lower half
of the turbine housing.

Bearings

The turbine will be supported by a ball bearing and a roller bear-

ing, both of which will be lubricated by the liquid hydrogen working
fluid at 180 psia. The ball bearing will take thrust loads in either di-
rection and will axially locate the roller. Stack-up, deflection and

thermal growths will be accommodated by the roller bearing, which
acts as a slip joint at the other end of the rotor.

The following table summarizes the bearing selections and their

ope rating conditions:
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Type and Size

Bore diameter, mm

Maximum speed, rpm

Ma,:im i_ DN value x I0- 6

Maximum load - Radial - ib

Axial - lb

Material - Race and rolling
element

Separator

BALL BEARING

Split Inner Race

Extra Light Series

85

8200

0.70

250

1000

440C

ROLLER BEARING

Cylindrical Roller

Extra Light Series

85

8Z00

0.70

Z50

440C

Aluminum shrouded Rulon

or Armalon (both glass
fiber reinforced Teflon)

Theoretically, the thrust forces (about 10 to 15 tons per side) of

the two sets of staging will cancel one another out. Due to manufac-
turing tolerances, however, it is probable that a force unbalance will
exist. A thrust calculation has been made which indicates a maximum

possible thrust unbalance level of 500 to 900 pounds, safely below the

design limit of the proposed ball bearing.

Typical state of the art design techniques for cryogenic bearings
are indicated including open-race curvatures which will minimize heat

generation due to ball spinning and loose diametral bearing clearances
which will serve to improve lubricant circulation.

Available data on cryogenic bearings operating on LH Z and LN 2

show successful operation for smaller bearings subjected to equivalent

loads and operating at the same or higher DN values.

Shaft Seals

The choice of a double-flow turbine for this application eliminates

the need for a high pressure shaft seal for which the problem statement

{Z500 psi to ambient at -400°F, 10,000 fpm rubbing velocity) is ex-

tremely severe, and which can be solved only with a high level of system

complexity.

The double-flow turbine requires only one low pressure seal at

each end of the turbine shaft. Under all operating conditions, the pres-

sure differential across the seal will be less than -ZOO psi.
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An off-the-shelf, bellows-type, axial mechanical seal can be

utilized. Specifically, a completely balanced two-ply bellows of Inconel

718 will satisfy the given requirements. In operation, the spring force

of the bellows provides the face loading of the carbon sealing element.

To date, the most successful operation in liquid hydrogen has been ex-

perienced using carbon Grade P5N.

A seal of this type must have a very carefully balanced bellows-

carbon assembly so as to prevent excessive wear. Consultation with

vendors in this regard discloses that each seal is balanced individually

to guarantee optimum performance.

The rubbing velocity of the prescribed face seal is between 9000

and 10,000 feet per minute, and together with a maximum operating _P

of 200 psi and temperature of about minus 400°F, indicate that suc-

cessful operation is assured.

To supplement the above sealing technique, a loose multigland

labyrinth seal is scheduled for use in series with the bellows face seal.

Miscellaneous

Heavy duty Sier-Bath flexible gear couplings will be provided to

connect the cryogenic turbine to the loading devices. A sliding hub

type will be specified so as to adequately take up the differential shaft

expansion between the cold turbine and the relatively hot loaders. The

crowned gear teeth of these couplings are more than adequate to account

for any resulting shaft misalignment while successfully transmitting the

turbine power.

3. Optimum Turbine

The primary objective of the analysis is to "perform a study of the

technical and economic aspects of various liquid hydrogen recovery sys-
tems in sufficient depth to determine the relative merits and disadvan-
tages of the various systems."

The economic merit of a given system consists of its ability to

perform efficiently over the full range of the anticipated pump oper-

ating schedule. In the case of the two turbine expanders under consid-
eration, the radial inflow machine is better equipped to do this because

of its variable nozzle geometry. It must be pointed out that while the

axial turbine performs at high efficiency for all pump off-design oper-

ating points, some of the latter result in the turbine being unable to
expand either the entire available head and/or the entire available pump
flow. Performance of both the radial and the axial turbines at their

design points will be nearly the same, however, due to judicious selec-

tion of their respective design specific speeds.
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Since the initiation of the comparative turbine study, it has been

determined from Aerojet engineering that about 90 percent of the con-

templated pump testing will be at design point. Because of this, and

the fact that turbine performance for both geometries are comparable

at their design point, there is little justification for accepting the

mechanical risks of the radial turbine, which will be enumerated below.

In addition to recommending the system with the best overall

economic potential, the technical risks, which will be encountered when

trying to achieve this goal, must not be overlooked. The proposed

system must be of such a nature that, when installed, long "trouble

free" operation can be expected. In order to achieve this confidence

level, the system components must be designed so as to avoid as many

"problem areas" as possible.

In this respect, the multistage axial double flow turbine concept has

the following advantages:

(i) Bearings--The lower operating speeds of the axial turbine

permit DN operation which is in beLter alignment with the

cryogenic bearing design state of the art as it is now known.

(z) Thrust--The high thrusts, both transient and steady state,

are cancelled completely by the use of a double-flow turbine.

In addition, each component of the axial turbine-loader

system is thrust balanced independently of all other compo-

nents. These conditions hold for all match points on the

pump map.

(3) Seals--The use of a double flow turbine has eliminated the need

for a high pressure shaft seal, which would present a for-

midable challenge in terms of current de sign ability.

(4) Stress Levels--The stress levels in the axial machine are

less than one half of those found in the single-stage radial

turbine, permitting a greater freedom in materials selection

and mechanical design, as well as paying additional dividends

in system reliability and safety.

(5) Cavitation--The axial machine will not cavitate at any point

for the design back pressure of 180 psia, or for that matter,

down to back pressures of i00 psia. In the case of the single-

stage radial turbine, cavitation will probably occur at the

exducer tip for all operating points. If this condition is

severe enough, the flow must redistribute itself, thus upsetting

design velocity conditions and resulting in performance
inefficienc ie s.

59

I



I

I
I
I

I

I
I

I
I
I
I

I
I

I
I

I
I

Speed Reduction Gears--Since the axial turbine approach is

a direct drive solution, no highly loaded speed reduction

gears are necessary to match the low speeds of the air

compressors or water brakes.

The following advantages may be listed for the radial machine:

(1) Inherently Simple Design--The radial wheel and blading is

more rugged and less critical from a dimensional standpoint.

(2) Low Development Cost--The radial wheel is easier to b_ild_

and having fewer critical toierances_ will cost less than an

axial machine. Blade angles and contours are less important

than in an axial machine, which means a considerable lower

sensitivity to fabrication methods and technique s.

(3) Wider Range of Efficient Operation--The wide range of

efficient operation is an inherent characteristic of a radial

flow machine, when equipped with variable area nozzles.

Since high system reliability and safety are of paramount impor-

tance in the successful operation of the proposed LH Z recovery system,
the above arguments leave little choice but to select the multistage

axial machine as the optimum turbine for the system. Its high per-

formance level and mechanical ruggedness form a satisfactory solution

to the basic problem statement.
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IV POWER ABSORPTION EQUIPMENT

The preceding sections have shown that the LH 2 recovery turbine

will generate approximately 52,000 hp under normal operating condi-

rio:as and can produce as high as 80,000 hp at off-design conditions.

While the absorption of this energy requires the use of loading equip-

ment which is not available on an "off the shelf" basis, no "technologi-

cal breakthroughs" are foreseen in the design.

Three general classifications of machines have been considered as

suitable for this application, namely: electric, hydrodynamic, and

pneumatic. The foregoing are all low-speed devices and, hence, are

well suited to the needs of the multistage axial turbine.

Electric Generators

The primary advantage of the eddy current brake or inductor gen-

erator is the relatively simple controls involved with its operation. It

is necessary only to vary the excitation of the d-c field to change the

torque characteristic of the dynamometer. The control is smooth and

stepless over the entire horsepower range and is controllable to

within 50 rpm at all operating points. Operational experience with

these units in the field has found them practically maintenance-free

because of their simplicity.

For the current application, however, two inductor units would be

required, one operating at each end of the double flow turbine. For

proper sizing, the generators would be required to operate at 1800

rpm, thus necessitating a step-down gear box with a high power trans-

mittal capacity. In addition, the energy generated by the turbine is

ultimately absorbed by water used to cool the load absorbers. Because

of this requirement, the high complexity of a cooling system with a

large water reservoir is needed.

The gearing and size of the generator rotors present a very high

moment of inertia to the turbine and will undoubtedly result in rela-

tively slow startup times.

Investigation of the cost of such a system indicates that it would

cost two to three times that of a comparable hydrodynamic or pneu-

matic device.
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Thus, it is seen that the disadvantages far outweigh the few advan-

tages for the electric generator loader, and as a result, it has been

rejected for the present application.

Hydrodynamic Loaders

The devices using water as a load dissipation medium can be gen-

eralized into high speed and low speed water pumps. A special adap-

tation of the latter is the common water brake.

The former machine received attention while the high speed radial

inflow cryogenic turbine was being investigated; and since the latter

has been discarded as a suitable expander, the high speed pump will

not be considered here.

A large low speed water brake has been designed by Kahn and

Company of Wethersfield, Connecticut. This brake is designed to

absorb 30,000 hp at 6000 rpm, which makes it suitable for absorbing

a portion of the output of the LH 2 turbine under direct-drive condi-

tions. It can be used at speeds up to 8000 rpm, will operate in either

direction of rotation, and has a control range ability of approximately

15 to 1 with a maximum torque capacity of 30, 000 ft-ib. The possible

performance spectrum of this brake is given in Figure 24.

The present application will require two water brakes operating,

one at each end of the double flow turbine. As in the case of the

electric generators, a sizable water supply system is required for

any mode of operation. The details of the system will be enumerated

later.

The initial cost of the water brake loading system, estimated at

between $150,000 and $200,000, makes it very attractive and worthy

of further consideration.

Pneumatic Loaders

As originally envisioned, the pneumatic loader, or air compres-

sor, would assume the form of one of the commercially available

single-speed multistage axial flow compressors such as those used in

either the J-47 or J-79 jet engines. A preliminary study quickly

showed that, while only two J-79 units were needed to absorb the de-

sign power of theLH 2 turbine, a total of four J-47 compressors would

be required.
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At this point, the study concentrated on the application of the

General Electric 3-79 compressor, which could be directly driven by

the turbine. Consultations withGE personnel revealed a number of

problem areas, the foremost of which appeared to be the limitation of

the torque input flow path to the rear (aft) end of the compressor. To

provide the proper rotation for the units (which are unidirectional as

compared to the water brakes), l:l reversal gears must be employed

for one of the two compressors required. An alternative to the gears

would be a complete mechanical redesign of the inlet end of the com-

pressor, which in the opinion of GE engineering would be very costly

and time consuming. The gears would be roughly three feet in diam-

eter and would result in pitch line velocities of over 50,000 fpm.

High thrust levels of up to 15 tons can be generated by the 5-79

compressor and must be compensated for by the inclusion of specially

designed heavy duty Kingsbury thrust bearings.

In order to guarantee surge-free starts in the jet engine, variable

inlet guide vanes and six stages of variable stators are utilized, thus

greatly increasing the controls complexity of this unit. These con-

trols tend to impart a horsepower characteristic to the compressor

which varies with about the fifth power of operating speed as compared

with the cubic output of the hydrogen turbine. The effect of this is to

greatly foreshorten the possible operating range of the 5-79 unit.

Horsepower-speed lines of the J-79 are given in Figure 25 for

various guide vane settings anda fixed downstream orifice. The de-

sign power variation of the LH 2 turbine is superimposed on these

curves. The mismatch is apparent at the lower operating speeds. In

order to better match in this range, i.e., without compressor surge,

a higher design speed for the turbine is required. This, however,

will result in a maximum turbine speed (at maximum pump head) that

will exceed the tolerable overspeed of the J-79 compressor, which is

currently rated at 7916 rpm.

These facts, coupled with the high cost (about three times that of

the water brake system) of the modified compressors, tend to detract

from its usefulness as a load absorber for the present system.

A pneumatic loader, nevertheless, remains very attractive for

the LH 2 recovery system because of its very low installation and con-

trol complexity as compared to that of the hydrodynamic system. This
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Figure 25. Various Loader Power-Speed Characteristics

as Compared to LH_ Turbine Output
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is made possible by an abundance of the working fluid, namely air,

available at the installation site.

As the J-79 unit became increasingly unsuited with regard to ful-

filling the problem statement, a study was initiated which considered

the application of a scaled-up model of one of AiResearch's many cen-

trifugal gas turbine compressor rotors. The double-entry 105 com-

pressor has been chosen as being best adapted to this system. The

impeller has backward-curved vanes which tend to impart a wider

operating range than a radially bladed unit delivering the same flow

conditions. The compressor is a proven design and has been built in

large production quantities.

To fit into the LH 2 system, the unit must be scaled up at constant

tip speed by a factor of about 5:1, producing an impeller approximately

four feet in diameter (similar to the J-47 compressor). The suitability

of the matching of the scaled-up 105 impeller to the power require-

ments of the LH 2 system is indicated by the fact that, at 6750 rpm, the

turbine power is absorbed at a corrected compressor speed (to design

speed) of i. 04. As in the case of the J-79, two units will be needed to

absorb the full turbine output. A layout of the proposed compressor is

given in Figure 26.

Because of the dynamic similarity of the scaling, the stress levels

of the scaled-up unit are the same as those experienced in the gas tur-

bine application, which are minimal at best. No compressor failures

have occured in this unit in over 70, 000 operational hours or an

accumulation of 600,000 engine starts. The foregoing figures are

based on the experience gained from the operation of some 350 105-gas

turbines in the Navy alone (the Army and the Air Force also use this

engine).

Flex-mounted bearings with a spring rate of 50,000 pounds per

inch are to be supplied with the compressor. They will result in a

shaft critical speed of 1800 rpm which is well below the anticipated

operating range.

The advantages of the 105 unit as compared to the J-79 compressor

are many, and are summarized briefly as follows:

(i) Gears - No gears are required, either of the step-down or

reversal type, as the unit can be conveniently driven, directly,

from either end.
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(2) Thrust - The high end thrusts normally generated by a com-

pressor of this size are reduced to zero by the double-entry

concept, in much the same manner as those of the axial tur-

bine itself.

(3) Variable Geometry - The I05 centrifugal compressor develops

a pressure ratio slightly in excess of 3:1, as compared to 12:1

in the J-79. The nature of the resulting surge characteristics,

coupled with the wide range offered by the backward curved

blades, eliminates the need for variable inlet geometry. The

starts of the 105 unit will be surge-free.

It is of interest to compare the horsepower-speed characteristics

of the scaled-up 105 impeller with power output of the turbine. The

power characteristic for the 105 compressor, at an arbitrarily assumed

exit orifice area, is shown in Figure 25 together with the turbine output

power characteristics. It is readily seen that the match to the turbine

is far superior to that of the J-79, and nearly follows a cubic relation-

ship.

The above facts, coupled with the knowledge that there is a price

differential (installed) of about three to one favoring the centrifugal

unit, provide sufficient reason for the 105 unit to supplant the 5-79 as

an optimum pneumatic loading device.

The economy of the 105 design is enhanced by the fact that the

large impeller can be machined using existing equipment. A further

advantage of the scaled-up unit is that the tolerances can be easily

adjusted for optimum procurement while not sacrificing the load-

absorptive nature of the compressor.

Optimum Loader

The selection of an optimum loader among the many possible de-

vices proved to be a difficult task in the sense that a more detailed

study was required than originally anticipated. During a considerable

period of th e study, the J-79 compressor appeared to be the best power

absorber and the study of other methods was discontinued. When the

J-79 compressor modification was finally proved excessive, the water

brake approach was hastily revived and the study of centrifugal air

compressor was initiated. The subsequent discovery that a large
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water brake had been built for General Electric by the Kahn Company

was encouraging and a detailed analysis of this approach was undertaken,

as discussed previously. As a result parallel efforts were made on the

two systems to determine the technical and economic feasibilities, and

not until these studies were essentially completed was it possible to

establish a preference for the air compressor system.

The optimum loader for the LH 2 recovery system is one which has

the following characteristics:

(I) Smooth load management over entire spectrum of turbine-pump

operating regime

(2) High reliability

(3) Low maintenance

(4) Low cost

Among the loaders under consideration, only the water brake and

the centrifugal air compressor seem capable of adequately satisfying

the first item, and are therefore worthy of further consideration. The

choice of the optimum device rests on the comparison between the two

loading concepts in regard to Items 2 through 4. To aid this compari-

son, a detailed system layout has been prepared for each approach.

These layouts are shown in Figure 27, and include all the system com-

ponents with the exception of controls circuitry and the various associ-

ated "black boxes. "

On the left is the water brake system with a water supply that

provides a flow rate of over 2000 gpm to each brake. The single

tank provides cool water from the bottom of the tank and receives the

hot discharge at the top where the water stratifies in the same manner

as in conventional household hot water tanks. Between runs, the water

cools for reuse. A small pump can be used to promote circulation

between runs if necessary. In accord with the manufacturers recom-

mendations, separate pumps and pressure control valves are used for

each brake. (In the cost analysis, the water system for the water

brakes is referred to as a "water loop.")

Since the reliability of any mechanism or system of components is

generally inversely proportional to the number of parts involved,
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particularly when they are moving parts, the water brake system is

clearly at a disadvantage. A comparison follows:

Water System Air Compressor

i 60,000 gallon tank 2 control valves

i 12-in. gate valve

2 water pumps

2 150-hp electric motors

2 pressure regulators

4 control valves

2 relief valves

Contrary to popular opinion, the large water brake considered

herein cannot be considered "off the shelf" in a fully developed sense.

Many installation problems can arise.

Each water brake requires two remotely controlled flow control

valves, one on the inlet and one on the outlet of the water brake. The

control of these valves is very sensitive, particularly the back pres-

sure valve. In the event of an overpressure (high shaft loading) con-

dition, the brake casing must be protected by a bypass emergency re-

lief valve, set to actuate at pressures above 350 psi.

Once the valves are calibrated, the brake performance is affected

only by a change of inlet water pressure. In order to minimize the

effect of pressure fluctuations in the water supply header, which can

manifest themselves as severe vibrational forcing inputs to the rotor

and hence possibly to the cryogenic turbine, a pressure regulator must

be installed upstream of the inlet control valve so as to guarantee a

steady inlet pressure of ai_ least 30 psig.

Copius amounts of water are required to maintain temperatures of

less than 180°F at the brake outlet. In the present system, the test

site requirements include the need for a 60, 000 gallon tank (18 feet in

diameter and 32 feet high) and two electrically driven 2750 gpm pumps.
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Water brakes are very sensitive to internal cavitation, which results

either from an insufficient water supply, or poor internal design. The

onset of cavitation can result in severe internal damage and rotor

vibratory problems. The large unit currently under development at

GE Evendale, for instance, is known to be experiencing problems of

the latter type.

It is expected that the water brake system will require more main-

tenance than the pneumatic system. GE experience indicates that it

takes two men almost full time to keep a large water brake system in

operation. To quote GE personnel: "the decision to go this route

(i. e., water brake) was on initial cost but, since installation, mainte-

nance costs have long surpassed any initial saving. "

As a result of the foregoing discussion, it is concluded that the

water brake system will require more maintenance and will probably

be less reliable in operation than the air compressor. Moreover, any

slight advantage in initial cost of the former over the latter is likely

to be quickly surpassed after a short period of operation.

Fail-safe operation of the centrifugal air compressor, of course,

is a first order requirement of the LH 2 system. Catastrophic hub

bursts of this impeller are very unlikely for this application. The

operating tip speed of the 105 unit, being driven by the LH 2 turbine

at its design point, is 1426 fps. Whirl pit bursts of the gas turbine

impeller result in critical tip speeds of more than twice these values.

At maximum turbine speed, 7820 rpm, the impeller speed is only

1651 fps. It is normal production procedure, for instance, to over-

speed all 105 wheels to tip velocities of 2260 fps.

Failure modes can occur either of two ways:

(i) A loss of both couplings or shafts, or

(2) A loss of one coupling or shaft.

In the event of the first instance, the compressors will merely

slow down to a halt. In the second case, the one remaining unit will

rematch the turbine output at a lower torque level, but at a higher

operating speed, about 1.24times design speed. This means, that for

the maximum pump head operating point, a failure of one shaft will

result in a maximum possible loader tip speed of 2048 fps, well below

the critical value.
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It will also be impossible for the loaders to operate within their

surge regions, due to the choice of the compressor control system

which consists of a fixed orifice and a modulating control valve. This

system will be described in detail elsewhere, but suffice if'to say that

in the event of loss of valve hydraulic pressure, the valve is so designed

as to "fail open." Thus, a maximum exit control area is seen by the

compressor, forcing it to operate in the "choke flow" region as opposed

to the "surge" region. This procedure is used during the startup cycle

with the valve then slowly closed until the operating point is reached.

In summary, it is clearly seen that from the standpoint of opera-

tional safety, the centrifugal air compressor has much to offer and is

truly "fail-safe. "

In view of the foregoing comparisons, the air compressor is

selected as the optimum loader for the LH 2 recovery system.
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V SYSTEMS ANALYSIS AND INSTALLATION

The original intent of this design study was to perform an analysis

on a variety of systems in sufficient depth to determine an optimum

system for the Aerojet test stand and then perform a detailed design

study of the selected system. Various types of turbines and power

absorbers were to be considered, including a combination of turbine

and heat exchangers, using both new and currently available hardware.

As the study progressed it became evident that preliminary efforts

were inadequate, and that several systems would require a more

detailed analysis before a logical selection could be made. During
this period the following were investigated:

(i) Use of Aerojet Lox Pump as a turbine

(2) Single stage radial turbine (high speed)

(3) Multistage radial turbine (low speed)

(4) Multistage axial turbine (low speed)

(5) Jet engine compressor power absorber

(6) Water pump power absorber (high speed)

(7) Water brake power absorber (high speed)

(8) Water brake power absorber (low speed)

(9) Gear boxes for combinations of high speed turbine and low

speed power absorbers.

(i0) Heat exchanger using liquid hydrogen (subcooler)

(ii) Heat exchanger using tank boiloff vapor

(12) Combination heat exchanger and turbine, upstream and down-
stream locations.

At the midterm report period, these systems had been reduced to

the following.

(i) Heat exchanger using tank boiloff vapor

(Z) Axial turbine and two J-79 compressor power absorbers

(3) Radial turbine and two high speed water brakes
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(4) Radial turbine with variable area nozzles, two gearboxes,

and two J-79 compressors.

At the midterm period, NASA selected the axial machine with two

J-79 compressors for detailed study and requested a continuance of

the heat exchanger system design to the extent that funds would permit.

Further investigation of the J-79 compressor revealed problems

which reduced the advantages of this approach, and a design study of

a centrifugal air compressor was initiated. Also, the use of a low
speed water brake was reconsidered_ since this unit had been built and

was available at a low cost.

Meanwhile, control studies indicated that there were two locations

for the turbine, one at the present orifice downstream of the M-1 main

control valve, and another location upstream of these control valves.

These have been labeled in the following section as "Standard" and

"ultimate" control systems, respectively. Each location has certain

advantages and disadvantages and a clear choice is as yet undeter-
mined at this time.

As a result, the following systems have been studied in sufficient

detail to indicate technical and economic feasibility.

(1) Heat exchanger system

(Z) Axial turbine with water brake absorbers

(3) Axial turbine with air compressor absorbers

(4) Turbine system with standard controls

(5) Turbine system with ultimate controls

Figure 28 shows a schematic diagram of these systems, and shows

the present simple recovery system as a basis for comparison. From

this diagram, the relative complexities as a result of the integration

into the basic system are apparent.

An important aspect of design is the feasibility (and cost) of

installation. The Aerojet test facility is essentially a completed

structure and various modifications will be necessary for incorpora-

tion of any of the systems listed above.

The following sections present the basic preliminary designs for

the installation of the heat exchanger and turbine system in the

Ae to jet facility.
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Heat Exchanger System

The heat exchanger system has the potential of being the least

complex and most reliable, since it is possible to attain a good per-

formance without the use of a bypass or pressure control valves. If

the flow rates do not vary appreciably over most of the test period_ a

simple orifice plate restriction to maintain the appropriate back pres-

sure is an adequate method of control. To obtain a maximum recovery

during excursion testing, a control valve in place of the orifice plate
is preferable.

For the Aerojet installation, an orifice bypass control valve will

be necessary due to the pressure limitations of the 18 inch diameter

return line and pressure surges during start up or changes in flow

rates. During these transients, a lower than optimum line pressure

is necessary. Preliminary estimates by Aerojet engineering indicate

that a reserve 4P = 200 psi may be necessary_ which means a maxi-

mum back pressure of 400 psi for the heat exchanger during this

period. When steady-state conditions have been established, the pres-

sure may then be raised to 600 psi, which is the maximum allowable

pressure for the piping, and a "good average" for recovery purposes.

Calculations indicate that a small bypass valve, i0 to IZ in. diameter,

and a reduced orifice size in the 18 in. return line will be satisfactory.

I. Location

For maximum recovery, the heat exchanger should be located near

the tank and in a manner that will minimize the pressure drop require-

ments of the vent line. The ideal location would be within the tank to

eliminate insulation and minimize heat leakage. A more practical

location is directly on the tank near the vent outlet. Since the heat

exchanger for any system is likely to be massive, this approach means

a considerable increase in the load capacity of the outer tank structure

and supports, and must be incorporated into the original design.

For the Aerojet system, an offset location on a separate support-

ing structure would be necessary. The exact geometry will depend

upon the final heat exchanger configuration. Figures Z9,30, and 31

show several possible installations for two heat exchanger geometries
and locations. These installations are tentative and have not been

designed in sufficient detail to indicate an optimum approach.

Z. Vent Line Design

Due to the low pressure levels and pressure drops required by

this system, the design of the vapor side flow passages in both the heat

exchanger and the vent line is critical. From elementary pressure

drop relations, a large diameter line is readily apparent. Using the

conventional relation,
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Z _ po 2G : _K-R Tav

i

/Ac : 00Z3 Tav _K
-,--- " P Z-I
W r

v

Typical values for the above parameters are,

Tav : 50°R

_K :3.0

P : ZO psia

Po = 14.7 psia

P
P : pressure ratio, -_r

o

v
: Z40 Ib/sec @ m = 60 %

The vent line cross sectional area is then

A : 7.3 sqft
C

and the diameter

D : 3.05 ft
v

The value of_K for the present Aerojet vent line is 5.5 for an 18 and

Z0-inch diameter line with 3 flares, as shown in Figure 1Z. For the
maximum flow rate of 330 lb/sec, this loss coefficient indicates a

pressure of about 40 psia at the flare exits and a tank pressure about

80 psi. These values appear conservative, since R > 108 ande

fL 0. 004 x Z00

D 1.6

=0.50
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Allowing one velocity head loss for the flares, it appears reason-

able that another I. 5 velocity head loss for the bends should be ade-

quate, or a total, _K = 3.0. Thus, a vent line pressure drop of 5.3

psi can be obtained by essentially doubling the diameter of the present
line.

In view of the completed vent system at Aerojet, a compromise
approach, namely, the addition of a second vent line, was considered

more practical. The present supports, which provide for a 16-inch

bypass line, can carry a 24-inch line in place of the 16-inch line.

Furthermore, a Z4-inch shutoff valve is considerably less costly than
a single 30 or 36-inch valve. By paralleling a Z4-inch line with the

present 18-inch line and using the present flow system, a reasonably

low pressure drop system is achieved with a minimum of alteration

and cost. The line pressure drop for this section will be about 6.5

psi, which will allow an 8 to l0 psi pressure drop for the heat ex-

changer, when the tank pressure is 30 psia.

3. Heat Exchanger Design

The scope of the present contract permits only a preliminary de-
sign of the heat exchanger system, and therefore, a minimum effort

on the heat exchanger itselt. From the basic principles established in

Section I, certain attributes are immediately apparent, which may be

used to obtain preliminary configurations, but not necessarily an opti-

mum design. Obviously, a minimum catch tank pressure dictates a

low pressure drop for the vapor side, which in the means relatively

low heat transfer coefficients compared to the high pressure side.

Therefore, a finned tube geometry is indicated by these relations.

Furthermore, a high effectiveness is necessary, which means a

counterflow path for the two fluids, and a large surface area. The

heat to be transferred for the application is

q = WC _T
v p

: _V E C (Tmax - To)
v v p

= Z40 x .90 x Z.5 (60 - 4Z)

= 9700 Btu/sec

= 35,000,000 Btu/HR

The corresponding temperature change in the incoming fluid is

9700 = 5°
T = 600x3.6 4. , approximately
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The log mean temperature difference is,

Z_ Tim--
(60 - 58.2) - (55.5 - 42)

= 5. 850°R

Thus, the overall heat transfer conductance

UA =
35,000,000

5.85

= 6,000,000 Btu/HR OF

Typical gaseous film coefficients will be about 100-150 and high

pressure side coefficients Will be 800-I, 000 Btu/HR - FT Z - °R, for

which U = 80 to 130. Then the heat exchanger surface area, AS, =
75,000 to 46,000 sq ft.

It is generally desirable to minimize the number of high pressure

tubes by increasing the vapor side area through the use of fins. This

method results in a more conlpact heat exchanger, which is desirable

from the heat leakage standpoint between runs. Using currently avail-

able data, a typical design results in the following values:

Requirements

Hot Side Cold Side

Fluid Liquid H 2 Vapor H z

Flow Rate, lb/sec 600 250

Inlet Temperature, °R 60 42

Inlet Pressure, psia * 20

Pressure Drop, psi * 10

Effectiveness * 0.90,
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Typical Heat Exchanger Core

Fluid

Effectiveness, E

Mass Velocity. G, lf/sec-ft 2

Heat transfer coefficient, h,
-oR

Heat transfer surface area, A t , ft Z

Fin effectiveness, _f

Total core pressure loss, ZIP core,

",'Viscosity of the fluids, IA-, lb/ft-sec
x 106 /

*Thermoconductivity of the fluids, k,
B/hr-ft-°F

".-'Specific heat of the fluids, Cp, B/lb-

*Prandtl number, Pr, of the fluids

;'.'Density of the fluids, 0, lb/ft 2

Tube length, ft

Number of tubes

Number of fins per inch

Tube outside diameter, inch

Tube wall thickness, inch

Fin outside diameter, inch

Btu/hr-ft 2

psi

O
F

Fin thickness, inch

Hot Side

(Inside Tube)

Liquid H 2

0.32

179

1752

16,900

6.86

5.78

0.033

3.9

2.00

3.8

35.7

5320

8.72

0.38

0. 020

0.92

0.018

':'Based on core average temperature and average pressure.

84

Cold Side

Vapor H 2

0.90

6.68

143

163,000

• 769

7.44

0.0125

2.91

0.76

0. I
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,I. Heat Exchanger Geometry

With respect to the heat exchanger geometry, a certain latitude
exists because of the trade-off relations between surface area and

heat transfer coefficients. Since the vapor side coefficient is control-

ling, the Reynolds analogy between heat transfer and the friction factor

results in the following approximate relation:

A

s___v A
N cv

3
4W T

v

g0vAPv ATIm

where A = surface area, vapor side
sv

A = cross-sectional flow area, vapor side
cv

N = number of tube rows

_'V = flow rate

T = vapor side temperature rise
v

_Tlm = log mean temperature difference

Ov = vapor density

P = pressure drop, vapor side
v

The variables on the rlght-hand side are determined by the desired

recovery and become a constant for a certain design point. Then, the

free flow area, Acv, the surface area, Asv, and the number of tube

rows, N, can be varied to give equivalent results in terms of pressure

and temperature drops through the heat exchanger. This relation per-

mits a considerable variation in the design geometry and indicates a

possible use of available equipment. Also, if the surface and cross-

sectional areas are overdesigned, the recovery performance is im-

proved, as indicated by a lower_V and a higher _T v.

5. Vacuum Jacketing

As discussed in the cooldown analysis, vacuum jacketing is con-

sidered necessary. Figure 32 shows the geometry which wilt mini-

mize the surface area and the size of the vacuum jacket. The heat

exchanger cores are arranged into two banks separated by a transverse
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baffle at the vapor inlet and outlet ports. This configuration shortens
the length of the individual cores to obtain a better length/diameter
radio than a straight tube and shell arrangement.

The jacket, as shown in Figure 32, will be a cylindrical shell
about 1Z feet in diameter and Z5 feet long, with sufficient strength to
support the core as shown under high vacuum pressure. The shell is
supported by 1-beam rings to reduce weight and material costs.
Although elliptical heads are shown for the ends, beam-supported flat
plates may be a better approach for this size structure.

6. Performance

The performance of this system has been discussed previously

under recovery thermodynamics, and the comparison with the throt-

tling system was given in Figure 5. The dashed line shows the esti-

mated performance for the M-1 test pump range of operating points

as given in Figure C-1. The slightly reduced performance is due to

the pressure limitation of the existing lines which limit the maximum

pressure to 600 psi.

Turbine. Recovery System

The recommended turbine recovery system will consist of the

axial turbine, the air compressor loader and the control system which

is diagrammed in Figure Z8 D, and which is shown in the layout draw-

ing Figure 33. The turbine is located at the present position of the

upstream orifice in the Aerojet return line and requires the construc-
tion of a bypass for starting and off design point operation. Using

currently available hardware (Hammel-Dahl valves), the installation

would have the configuration shown in the drawing. Other configura-

tions, using ball shutoff valves at the turbine inlet may be preferable

to reduce pressure drops and may also reduce installation costs as a

result of fewer bends in the vacuum jacketed.lines. These aspects of

design were not optimized in this study. Not shown in the drawing is

the orifice bypass valve at the catch tank. This valve will be of the

same size as that shown for the heat exchanger system and will be used

in conjunction with the downstream orifice to maintain the appropriate

turbine back pressure for various flow conditions.

Three shutoff or isolation valves are shown, one IZ-inch high

pressure valve ahead of the turbine and two 12-inch low pressure

valves in the discharge. The reason for the two 1Z-inch valves instead

of one 18-inch valve is cost, based upon preliminary estimates.

Right angle valves are shown for the upstream position because of

the need for a balanced valve construction where a high pressure drop

exists. This requirement is particularly true for the modulating

valve in the by-pass line, but may not be required for the shutoff
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valve. At this time, the pressures drop across this valve will be

relatively low.

The install'ation will consist of vacuum jacketed lineswith expan-

sion joints in the low pressure discharge lines. The turbine will also

be vacuum jacketed.

The valves will be electro-hydraulically actuated, using the 3000

psi hydraulic supply in the area. Individual accumulators and filters

will be provided. Details of the response characteristics of the valves

and other control system elements are given in the next section.

1. O_peration and Performance

The turbine operating line for a constant back pressure of 180 psia
is shown superimposed on the estimated pump characteristics in

Figure 34.

For the aforementioned back pressure, the turbine speed varies

from a minimum of 0.91 of design speed at a pump speed of 11,900

rpm to a maximum of 1. 135 at design speed at a pump speed of 14,550

rpm. Over this range of rotating speed, the turbine efficiency will

remain largely constant, hence the 180 psia back pressure line is a

line of optimum hydrogen recovery for the axial turboexpander system.

For a given pump operating speed, as the delivery head is increas-

ed to values which are higher than those indicated by the "optimum"

line, the delivery flow decreases. Since the pump is matched to a

fixed geometry turbine, the turbine inlet pressure must be throttled to
keep the turbine head compatible with the decreasing pump flow. At

the minimum pump operating speed of 11,900 rpm, the turbine inlet

pressure will be reduced to a minimum of 1140 psia, for a turbine

speed of 5450 rpm.

The cumulative effect of inlet pressure throttling is to reduce the

hydrogen recovery rates somewhat below those of a turbine whose

nozzle can be varied to efficiently match the flow at the higher head.

It is to be noted, however, that sizeable improvements over and above

simple throttling are still everywhere in evidence.

For a given pump speed, as the pump head is reduced relative to
those indicated by the "optimum" recovery line, the quantity of liquid

hydrogen delivered by the pump increases. In order to handle the

higher flow rate, the turbine head must be increased. Since the pump

delivery head is decreasing, the back pressure to the turbine must be

rapidly decreased to provide the flow match. The turbine will tempor-

arily speed up. Unfortunately, the decrease in turbine back pressure

is limited by the onset of cavitation in the last stage rotor. As indica-

ted by the cavitation study, the limiting back pressure is I00 psia.
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V1 CONTROL SYSTEM STUDY

From Section I - Recovery System Thermodynamics, the basic

operation criteria for a successful turbine recovery system may be

established. Namely, for any given energy level of the fluid at the

pump outlet, the amount of liquid returned to the catch tank may be

maximized by extracting maximum turbine work. Since pressure loss

in the flow line influences the available energy for conversion to work,

maximum turbine work may be extracted only if the turbine is operated

at peak efficiency and line losses are reduced to a minimum.

Control Requirements

The controls for the turbine recovery system must be sufficient to

satisfy the following modes of operation.

(I) Transition period when the turboexpander begins operation

(2) Steady-state operation for a given'pump test

(3) Failure mode operation (system protection)

Control requirements of each of the above operational modes will

be discussed in detail in the sections to follow, but first, the basic

pump test configuration will be considered. The basic pump test sys-

tem is as shown in Figure 35.

PUMP

/
PUMP

LINE PRESSURE

7 CONTROL VALV_/_

FIXED ORIFICE-_

SEGREGATION TANK

VALVES

Figure 55
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If the pump head is further decreased (resulting in a continuing

increase in delivery flow}, the pump flow will exceed the capacity of

the turbine which now must operate at a constant back pressure. The

flow surplus is then bypassed to the simple throttling line.

The bypass flow will not be constant but will increase due to the

fact that the turbine head will start falling off as the pump continues to
be throttled.

The turbine rotating speed will begin to reduce after the back pres-

J.k_,.L,_ _vv _,_, ....... e maxim .... l_ .... e opeed _

14, 550 rpm it reaches a minimum of 6460 rpm. At the minimum pump

speed of 11,900 rpm, the turbine will decelerate to 5210 rpm.

As in the case of the turbine running at throttled inlet pressure,
the potential hydrogen recovery rates possible for an efficient variable

geometry unit are not realized. However, the estimated performance

is still markedly superior to simple throttling.

Estimated incremental hydrogen recovery rates have been calcula-

ted for the entire pump operating spectrum, using the previously de-
fined formula:

h t
Am=

hfg

and making the proper allowances for flow bypass in the low pressure

head region of pump operation. The results of this calculation have

been plotted as recovery contours on Figure 34. It is to be noted that

all recovery calculations have been made assuming a pump inlet tem-
perature of 4Z°R.

The turbine reaches a maximum speed and output power of 782-0

rpm and 79,800 hp, respectively, at the zero flow bypass and minimum

back pressure point for the pump speed of 14, 550 rpm.

The minimum turbine speed and output power for steady-state

operation occurs at the maximum pump flow point at a pump speed of

1.1,900 rpm. The values are 57.10 rpm and 23,750 hp, respectively.
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During the transition period, all changes in valve position must be

made slowly to prevent high pressure fluctuations (water hammer} from

affecting the test pump operation.

Steady-State Mode

Steady-state speed of the turbine recovery system will be regulated

by reducing accelerating torques to zero. This is accomplished by

changing the absorbed power to match the power extracted by the tur-

bine. For either the air compressor or the water brake loader, the

power absorbed may be varied by a control valve which changes the re-

striction in the fluid outlet line. The speed control itself may consist

of standard electronic and hydraulic components. The generalized

speed control configuration is as shown in Figure 37.

SPEED SET
POINT

LOAD 1 AREA

CONTROL HYDRAUL IC CONTROL i

ACTUATOR VALVE I

SPEED

F i 9 u re 57

For best overall recovery system performance, thermodynamic

considerations dictate that the turbine back pressure be the minimum

that will avoid cavitation. This requires the paralleling of the fixed

orifice at the catch tank with a pressure controlvalve. However, for

a given pump test, turbine work must be maximized independent of its

back pressure. It may be shown (Appendix D) that the turbine work

may be approximated as

1/
HP = KI_PtN - KZ(4P t) ZN z

where HP = turbine power

Pt = turbine pressure differential

N = turbine speed
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The pump back pressure valves are used to establish a given pump

test (i. e. , steady-state and transient simulation}. Segregation valves

permit operation of either one of the two pumps with a common catch

tank. To suppress boiling in the line to the catch tank, line pressure

is maintained sufficiently high by an orifice and control valve near the

catch tank inlet.

Transition Mode

r_,,.-4..g ,.,,,.on startup and fl"an_ient simulation, it will be necessary

to isolate the recovery turbine from the system so that there is no in-

fluence upon the pump test from the recovery system. A shutoff valve

on either side of the turbine will isolate it during this period of opera-

tion. To initiate operation of the turboexpander when steady-state

pump testing commences, it is necessary to divert the flow to the

catch tank through the turbine isolation valves and flow diversion vaive

which satisfy the above principle are as shown in Figure 36.

M--,_____2

TURBINE _ _/....__

FLOW DIVERSION

VALVE

............ Y

SEGREGATION

VALVES

L
v-

F i 9u re 36
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KI,K Z = proportionality constants

Differentiating (Z} with respect to N and equating to zero yields the

following relationship which defines the necessary conditions for peak

power

N : K3 _'-Pt_ K 3 = KI/ZK2' (3)

Maintaining the turbine speed in proportion to the square root of the

turbine pressure differential will ensure peak power extraction over

the entire pump operating map.

In summary, controls necessary for the steady-state operation of

the turbine recovery system are:

{l} A line pressure control at the catch tank inlet

(Z) Speed sensor-control-load valve assembly

{3} Scheduling device which changes the speed set point in pro-

portion to the square root of the turbine differential pressure

(4) Method of adjusting the restriction as seen by the pump

under test

Failure Mode Controls

Two possible failures that may be experienced with the turbine

recovery system are (i) seal failure where hydrogen could escape to

the atmosphere, and (Z} loss of load or associated speed control appa-

ratus. Failures of the leakage type are isolated from the system by

simply closing the segregation valves on either side of the turbine. It

is possible to operate the test facility without the turbine recovery sys-

tem until such time that appropriate repairs may be completed. Loss

of load will cause the turbine to overspeed. If the absorber drive shaft

were to break, the absorber drive shaft were to break, the absorber

will slow to zero speed at a rate given by the absorbed load. The tur-

bine will accelerate to runaway (no load) speed which is well within

design limits. Overspeeds resulting from loss of control apparatus

are eliminated by the speed control design_o The load control valve

will be designed such that loss of signal will result in automatic open-

ing or closure {depending upon the load absorption technique)_ thus
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increasing the absorbed load and reducing speed. No additional control

elements are necess, ry for failure mode protection of this system.

Control System Description

Control requirements as described in the previous section dictate

the system configuration. There are essentially two approaches which

may be considered since transient and steady-state simulaiion valves

are placed in the flow line directly downstream of the pump. These

valves are in parallel and have a total Cv(H2) = 6025. At the design

point (600 Ib/sec flow rate), the pressure drop is given by

[ °AP = Cv(H 2 = • 6025 ) = 103 psi

which represents a loss of $1,450,000 in potential recovery. Since the

pressure drop a.cross these valves is quite high, it would be desirable

to connect the turbine recovery system upst:eam of the transient and

back pressure valves, and thus operate the recovery system at mini-

mum line loss. Connecting the recovery system between the pump out-

let and associated back pressure control valves will undoubtedly require

modifications in the present system and possibly delay completion of

the facility. Therefore, a description of control system configuration

and operation of each of the two alternatives will be presented.

i. Ultimate Recovery System

The system configuration illustrating locations of all control com-

ponents with an air compressor as a load absorber is presented in

Figure 38. (A system utilizing a water brake power absorbtion system

is identical in all respects to the air compressor system except valves

are placed on the water inlet and outlet lines, with the outlet valve mod-

ulated as a function of speed error.) Noting the respective locations of

all remote segregation valves, it is obvious that they simply allow

changes in the hydrogen flow path such that two pumps may be used in

conjunction with:_ common recovery and catch tank system. For pur-

poses of discussion, it shall be sufficient to consider the operation of

only one pump.

a. Transition Mode--During pump startup and transient simula-

tion, segregation valves are closed to isolate the recovery system.
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The line pressure control valve maintains a prescribed line pressure

or can be manually fixed if desired and the pump back pressure control

valves operate in accordance with a predetermined program. Initiation

of recovery system operation commences upon attainment of steady-state

operation of the pump. If a scheduled area start is made, the back pres-

sure valve may be switched to automatic pressure control after the com-

pletion of the transient start. At this time, the remote set point of the

pressure control valve immediately upstream of the turbine (turbine in-

let valve) is set sufficiently high so the valve remains closed. Serega-

tion valves on either side of the turbine are opened, then the turbine

inlet valve is opened by lowering its set point at a constant rate which

avoids water hammer. Back pressure control valves at the pump out-

let close automatically in an attempt to preserve the pressure set point.

To avoid disturbances in pump back pressure, the turbine inlet andpump

back pressure valves will be sequenced as shown in Figure 39 during the

transition period.

SET

POINT

PRESSURE

OPEN-

VALVE

POSITION

CLOSED

START

TRANSITION

/"
/

/
/

/

PRESSURE _ I ?---

VALVE / I/.

\
\

I

Figure 39

TURBINE

INLET VALVE

TIME
COMPLETE

TRANSITION
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When the transition period is complete, the turbine inlet valve functions

as the pump back pressure control. The original control valves re-

main closed unless specific tests (low pump back pressure) require by-

pa s s flow.

Figure 40 following, shows a block diagram of the speed control

during transition. In brief, the speed control is de-energized which

opens the load control valve and a fixed area representing more than

design load is placed in the absorber fluid outlet line. During transi-

tion the water brake system would respond in a similar manner consist-

tent with the above principle that greater than design load is applied

when the speed control is de-energized. When the recovery system

reaches steady state (pump back pressure valve closed) the speed con-

trol is energized and the load valve area moves in accordance to in-

structions received from the speed control to bring turbine speed to the

steady-state design point.

SCHEDULE '_
__._ SPEEDCONTROL

LOAD
CONTROL

VALVE

CLOSED

SPEED

Fi gu re 40

b. Steady-State Mode--In steady state the turbine inlet valve

modulates to maintain the pump back pressure at a prescribed setting,

and the speed control changes the load valve to maintain the correct

turbine speed. The turbine inlet valve has a self-contained regulation

system and need not be discussed further in this section. However, the

turbine speed control shall be considered in further detail. Refer to

Figure 40 with the speed control switch energized.

In principle, turbine speed is synthesized from the rotating group,

compared with the set or desired speed resulting in a speed error sig-

nal. The control senses speed error and sends a signal to the valve
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actuator which reduces the error by opening or closing the load control

valve. Turbine power or work is a function of the square root of the

turbine pressure differential (_Pt). The efficiency schedule is a

device which manipulates the speed set point proportional to_t.

This device is necessary to maximize the recovery over the entire

operational range of the te_t pump. Actual mechanization of speed

control hardware will be dicussedin a later section.

In the event pump testing must occur at sufficiently low values

which require more than full flow through the turbine, the original

pump back pressure valve is put on pure manual control and opened to

a predetermined setting. The turbine inlet valve will then modulate the

flow to maintain the "low" set point pressure. The original turbine

back pressure valve is functioning as a bypass valve for this type of

test.

c. Failure Mode--It has been shown that requirements for failure

mode protection do not require additional control elements. In the

event of hydrogen leakage at the turbine, turbine segregation valves

will be closed and the pump back pressure valve set point will simul-

taneously be lowered to the required value.

During this operation, the pump back pressure will not change

from the control point and the pump test may continue without the re-

covery system in operation.

Failures of any member of the speed control apparatus will result

in not more than I00 percent overspeed which the rotating group will

be designed to accommodate. The pump test may continue as normal

without the benefit of recovery.

2. Standard Recovery System

The system under consideration is as illustrated in Figure 41.

This configuration tends to separate the test pump and recovery sys_

terns. By proper system design, the total restriction downstream of

the pump back pressure valves will remain the same when the recovery

system is in or out of operation, thus eliminating system interaction

between the recovery system and the pump. As previously discussed_

segregation valves allow the use of two pumps in combination with one

recovery system and catch tank. Operation of the control system is

much the same as the minimum pressure drop system discussed above

and only differences will be pointed out.
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a0 Transition Mode--Turbine segregation valves are closed until

the pump transients are over. At all times the line pressure control

maintains a predetermined line pressure_ Operation of the turbine re-

covery ;_ystem is initiated as the turbine segregation valves are opened

followed by closing of the bypass valve. The pump back pressure valves

function as normal to maintain the proper pump outlet pressure.

b. Steady.-State Mode-=Operation of controls during steady state

are identical, with one exception described in the minimum pressure

drop system. In this configuration, the turbine bypass valve is a pure

bypass valve and is merely opened manually to enable the pump back

pressure valves to maintain control at a reduced set point pressure.

c. Failure Mode--Overspeeds are accounted for by the system

design as described in the previous configuration and leakage type

failures are compensated for by closing of the turbine segregation

valves and simultaneously opening the bypass valve° Opening andclos-

ing rates of these valves shall be programmed so that little or no back

pressure changes are experienced by the test pump.

Component Specification

In the previous portions of this report two recovery system config-

urations and the associated control logic ha,,'e been discussed. A dy-

namic analysis of the system has been presented in Appendix D, thus

completing the requisites necessary for component specification.

In general, the control components specified are to be interchange-

able with existing components in the Aerojet system. The valves are

actuated with 3000 psi hydraulic actuators and electric feedback to the

control room. Electronic analog computor type amplifiers compute the

signal sent to the hydraulic pilot valves.

Elements Common to Both System Configurations

This section will be concerned with the speed_load absorption con-

trol, line pressure control, and turbine back pressure segregation

valve.

{i) SpeedControl--The speed control shall consist of {II efficiency

schedule, {Z) speed sensor, and (3) a load control valve which incorpo-

rates integral control action. Load control valve sizing will be included

IOZ
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for an air compressor only as a water brake would be purchased com-

plete with control aptmratu_. However_ the control mode and asso-

ciated specifications will be specified for a water brake installation.

The efficiency schedule apparatus will consist of pressure trans-

ducers to measure the turbine pressure differential (2680 psi maximum

upstream and lO0 to 600 psi downstream) and a solid state electronic

network designed such that the electrical output signal (speed set point)

is proportional to _ Turbine speed will be sensed and also

converted to an electmcal signal. The load control valves (air com oo

pressor or water brake) shall be constructed so they are spring and

pressure loaded so as to increase the load in the event of signal loss.

The maximum rate of integral control action for load control valves

are given in Appendix D. The compressor shall be loaded by an orifice

plus full valve area to achieve the maximum loading° To decrease the

loading_ flow area is decreased by closing the valve° Preliminary

physical sizing is given below:

Orifice: 22 in° diameter - sharp edged (may be revised when

compressor maps are complete)

Valve: 14 in. butterfly valve (assuming 25% blockage)

Response of load control valves for each type absorber should be in the

order of 3 or 4 seconds for full valve travel.

Line Back Pressure Control=-The control configuration is a

fixed orifice paralleled by a control valve as shown in

Figures 38 and 41.

The valve and orifice have been sized to control line pressure from

I00 psia to 600 psia over the pump operational range as given in

Figure 13 Sizing is as follows:

Orifice: 5o4-in. diameter sharp edge

Control Valve: 12-in. remote set_ hydraullically actuated_ integral

control valve. This valve is of the same type used

for pump back pressure control°
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From a previous report, concerning pump back pressure control

system, criteria for maximum opening and closing rates of all valves

may be established. Slow closing of valves (no water hammer) is

defined as

where t = time for a pressure wave to travel twice the duct length

L = duct length

C = velocity of sound in fluid

For the line pressure control

2L (z)(565)
t = -C'-_ = 0. 30 sec.

To provide a reasonable degree of safety, this figure will be increased

approximately by a factor of 8, which yields the maximum rate of full

valve travel for the line pressure control valve equal to 2.4 seconds.

(3) Turbine Back Pressure Segregation Valve (Z)--These valves

shall be of the ball type for minimum pressure drop, IZ inches in

diameter, and contain necessary control provisions to allow remote

opening and closing. This valve is not a modulating valve. Since

t > 2L/C, the maximum rate for full valve travel is given conservatively

as

t_> J__I/Z second.

Additional Elements Necessary for the Ultimate Recovery System

This system requires two additional segregation valves and a

turbine inlet valve capable of functioning as a turbine back pressure

control during steady state pump testing. Sizes are given as follows:

(1) Segregation Valves (2)--12-inch diameter; same specifications

as the turbine back pressure segregation valves.

(2) Turbine Inlet Valve (1)--IZ-inch continuously modulating

integral control valve with very high G v or low pressure drop.

Since this valve is to maintain turbine back pressuring during
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steady state pump testing the time for full valve travel may be

conservatively equal to Z seconds.

Additional Elements Necessary for the Standard Recovery System

One segregation valve upstream of the turbine and a turbine bypass

valve are needed for this system. Specifications are:

(1)

(z)

Turbine Inlet Segregation Valve (l)--12-inch diameter; same

specification as the turbine back pressure segregation valves.

TUrbine Bypass Valve (1}--12-inch diameter, variable position,

hydraulically actuated valve. The time for full valve travel

for this valve will be Z seconds.

In summary, control components are:

Efficiency Schedule (I Required}

Solid state device with electrical signal proportional to

Speed Sensor (I)

Solid state device with electrical output signal proportional to

turbine speed.

Load Control Apparatus (2)

Air compressor load is controlled by a 14 inch integral control valve,
where

QD ft z
K = .23

c N2_(Ac)rpm sec.

and paralleling a 22-inch diameter sharp edged orifice. Slue rate is such
that it strokes full valve travel in 3 or 4 seconds.

Water brake load is controlled by an appropriately sized integral control
valve, where

K =5. Z
C

QD ft z

ND_(A b) rpm sec.
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Slue rate is for 3 or 4-second full valve travel. Load control valves for

both methods shall be spring and pressure loaded so as to increase the

load when de-energized.

Segregation Valves (3) or (4)

1Z-inch full open or closed ball valves which will be actuated

hydraulically from a remote location. Any convenient slue rate

greater than 1/Z second for full valve travel is satisfactory.

Turbine Bypass Valve (1)

Variable position valve, 1Z inches in diameter, hydraulically

actuated from remote locations. Two seconds for full valve travel.

Turbine Inlet (PumpBack Pressure Control) Valve (1)

A I2-inch, continuously modulating integral control valve with

very low pressure drop. The time for full valve travel may be in the

order of 2 seconds.

Line Pressure Control (1)

A I Z-inch continuously modulating integral control valve paralleling

a 5.4-inch diameter sharp edged orifice. The valve slue rate should be

such that full valve travel occurs in not less than Z seconds.
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VII COST ANALYSIS

Due to the limited scope of this study, it was not possible to pre-

pare detailed specifications from which cost estimates could be made.

The primary emphasis was on the major cost items, such as the tur-

bine and power absorber, and only a budgetary type effort was consid-

ered necessary for the lesser items such as control valves and

installation. While this approach simplified the overall procedure

and made possible the solicitation of preliminary design type informa-

tion from other companies having experience and an interest in this

field, the results are necessarily varied and incomplete with respect

to certain details.

Cost estimates were solicited from other companies in three gen-

eral categories, control valves, installation, and heat exchanger. The

response was generally negative with respect to the heat exchanger,

with only two responses out of nine inquiries being obtained. Three

companies out of five responded with estimates on the installation

costs and one complete proposal was received for a control system.

Due to the general nature of the problem statements, there are

wide variations in the interpretation of certain details which are re-

flected in each estimate. A typical example is the wide diversity of

opinion, or experience, with respect to the cost of large scale cryo-

genic valves. Company C estimates a cost of $9000 +, Company A

estimates $12,000, whereas Company F proposes actual hardware at

$35,000 for a particular unit. {See Appendix E for details}

Part of this divergence is due to Company C estimates being "bare"

cost, to which the various contingencies and development costs must

be added. On the other hand Company F has furnished hardware for

the Aerojet installation and has the advantage of experience in the as-

sessment of cost factors. However, these costs, compared to the

overall system, were generally minor, so that the spread, or range of

values are not as great as the individual items may indicate.

Since the cost of the turbine and power absorber is the major part

of the system cost, a careful and detailed estimate was prepared for

this unit.
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The breakdown is as follows:

Turbine, each

Nonrecurring charges

$ Z15,000

359,000

Compressor, each

Nonrecurring charges

69,5OO

107,000

Cost of 2 Turbines and

3 Compressors $ 1,104,500

Control System

Enginee ring

Ha r dwa re

100, 800

141,200 (Hammel-Dahl Corp.)

Total 242,000

Total Cost of Turbine - Air Compressor System (without

installation) 1,346,500

Heat Exchanger 340,000 to 697,000

(Includes nonrecurring charges)

Control System 65,000

Total Heat Exchanger System $ 405,000 to

762,000

Installation

The following table summarizes the cost estimates that were con-

ducted by various contributors on the installation of the turbine and

heat exchanger systems in the Aerojet Facility. Columns A through

D summarize the information which was received from the various

sources, and which is reproduced in the Appendix E. Column E is a

composite estimate which was prepared from the inputs of A through

D by AiResearch, and does not include control valves, since this item

was estimated separately above.
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Installation

Heat Exchanger

_.. Turbine and

Water Brake

. Turbine and Air

Compressor

A

Z88,000

(i)

224,000

(4)

(165,000)

B

300,000

(2)

300,000

(2)

Estimate

C

189,000

(6}

170,000

(7)

125,000

(7)

i ,J ,

D

539,000

(3)

75Z, 000

(5)

E

Z30, O0(

(8)

190, OO0
(8)

150,000

(8)

I
II
i

I
!1
II

il

il
II
II

ii

Notes (1)

(2)

(3)

(4)

Cryogenic Control Valve cost is indeterminate

Cryogenic Control Valve cost based upon Hammel DaM

$274,000

about $35,000 from prelim-

quotation

Cryogenic Control Valves:

Cryogenic Control Valves:

inary notes

{5) Cryogenic Control Valves:

(6) Cryogenic Control Valves:

(7) Cryogenic Control Valves:

(8) Cryogenic Control Valves:

$208,000

$45,000

$33,000

Not included

Adding the estimates of Column E to the previous Totals,

system estimates are as follows:

System Total Cost

(1) Heat Exchanger $ 872,000

(Z) Turbine-Air G,omPressor 1,496,500

(3) Turbine-Water Brake 1,386,000

the final
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VIII RELIABILITY AND SAFETY CONSIDERATIONS

In considering the reliability of the various systems shown in Fig-

ure I, the simplest recovery system (Figure 1A) constitutes a conven-

ient reference both for efficiency of recovery and reliability. Each

significant increase in recovery system efficiency is accompanied by an

inevitable increase in complexity. In order to avoid a significant de-

gradation in reliability, very conservative design practice has been

adopted for the recommended system. Indeed, provision has been in-

corporated for some very improbable failures. For ins tance_ runaway

of the low speed turbine which might result from partial unloading due

to failure of the shaft to either air compressor has Seen made imposs-

ible. The still operable air compressor will, at approximately 124

percent of normal rated speed, provide full power adsorbtion capability.

Additionally, an automatically actuated bypass valve is incorporated

into the system to allow continued running even though something disabl-

ing occured to the rotating machinery. The means for fast actuation of

this valve are a hydraulic pressured (3_ 000 psi) line and emergency

back-up accumulator. In addition_ should hydraulic line or accumulator

actuating pressure be lost for any reason whatever, pressure switches

will indicate this fact by energizing red warning lights. Thus, it is

apparent that the combination of low speed power generator (turbine),

dual load adsorbers (air compressors), and stand-by bypass valve com-

bine to instill confidence in a system of recovery more complex than

the simple recovery system but whose reliability, once installed, will

tend to be primarily that of the system of control which is adopted.

This importance of controls is to be expected, and thus the control

system warrants at least some additional investigation, with a view to

self-test or check-out features which will be capable of detecting incip-

ient troubles. From previous experience, it is known that controls and

auxiliaries contribute well over 90 percent of all causes for unscheduled

shutdown of large rotating machinery power installations. It was the

greater number of controls and auxiliaries for the water brake system

which initially led AiResearch to explore the feasibility of air braking.

Air braking totally avoided the additional complication associated with

a closed loop water storage and supply system.

A distinction should be made between the probability of successive

repetition of desired performance, and the probability of initial achieve-

ment of such performance. The first is termed reliability and the sec-

ond might be termed development prospects, the complement of which

is development risk. Good system design reflects first, an acute

awareneness of the importance of reliability, and second, the import-

ance of reasonable development risk. Implementation of these pre-

cepts for the recommended system dictated (i), a low speed, balanced

rotor turbine incorporating low pressure seals and possessing zero

capability for runaway; (Z) dual air compressor power adsorbers; and

(3) an automatic fast-operating hydrogen bypass valve with dual sources
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(hydraulic line and accumulator) of actuation. These considerations

also dictated incorporation of ball bearings in the power absorbers

(thus avoiding the additional complication of an oil pressure system),

and air rather than water power absorption. It is believed that all of

these factors contribute to a minimum of development risk, most of

which appears, at least at the time of writing, to be associated with

bearings and controls.

A conventional method of providing a high reliability in continuously

operating systems is the use of parallel circuits and redundant com-

ponents. For an intermittant operation with long shutdown periods,

essentially the same effect is obtained by simply providing spares which

can be readily installed in the event of failure. Therefore, a spare tur-

bine and compressor is recommended for this purpose. This procedure

assures a high level of availability of the system.

Availability (dimensionless) is defined as the fraction of total cal-

endar time that an installation or system is in an operationally-ready

state. In order to achieve high availability, two requisites must be

fulfilled: (I) a high mean time between failures or other unscheduled

shut-downs, and (Z) a low time for both scheduled and unscheduled

maintenance action. The importance of these becomes apparent from

the simple expression for availability

In-readiness time

In-readiness time + down time (all causes)

A reasonable design objective for availability of the recommended

system should be a minimum of 0.99. To achieve or surpass this

value, down time from all causes, including unavailability of essential

replacement parts, must be limited.
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APPENDIX A

HEAT EXCHANGER RECOVERY

Referring to the pressure-enthalpy diagram of Figure 2 of the

main body of the report, the enthalpy of the high-pressure fluid is h at

a pressure of Pp. The pressure drop through an upstream flow con-

trol valve and through the heat exchanger reduces the pressure to

PHX" The heat exchanger with the tank vapor reduces the enthalpy

from h to h'. From the back pressure control valve, the pressure is

again reduced to the tank operating pressure, Pl'_ where the fluid

flashes into vapor and liquid, which is indicated by m'. After shutoff

of the inlet fluid, the liquid in the tank boils until the final tank pres-

sure PT is attained, which results in a final liquid recovery, m. This

recovery is expressed

h' - hf
m = l (1)

hfg

but h' = h - A h (Z)

ah = (I - m')E C (T- Tf')P

= (1 m')E_h ' (3)
V

h - hf'I -m= (4)

hfg' + E Ahv'

A h = h - hf' (5)

hfg + E A hv'

and

h' = h - h - hf'

m = 1

i + hf'
E A h '

V

h - hf
+

hfg

h - hf'

hfg (I + hfg'/EAhv ')

(6)
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Since the recovery of the simple throttling system

m = i h - hf
o - (7)

hfg

the net gain in recovery is

h - hf'm -m = (8)
O

hfg (I + hfg'/EAhv ')

where the prime notation indicates the fluid property values at operat-

in_ pressures and the normal notation indicates the fluid property

values at the final "use 't pressure of the tank.

Figures A-1 and A-Z are the enthalpy - entropy diagrams for

parahydrogen reproduced from NBS data. Specific recovery values for

15, 30 and 50 psia pressures as obtained from F_quation (7), were added
as shown.

Effect of Liquid Entrainment on Recovery

When the vent gas contains entrained liquid droplets, the primary

mode of energy exchange in the inlet portion of the heat exchanger is

the evaporation of the liquid droplets. Although the vapor will be

heated, generally the latent heat transfer will precede the sensible

heat transfer so that the liquid willbe evaporated before superheating
can take place. The effect of this process on recovery can readily be

seen from an energy balance based upon the above sequency of heat
transfer modes. It is assumed that sufficient surface area is available

to provide both latent and sensible heat transfer. Then it follows that

the recovery of a heat exchanger system with and without liquid entrain-

ment can be made equal by maintaining the effectiveness.

Figure A-3 shows a diagram of the heat exchanger flow paths and

the temperature profile that would exist as a result of the evaporation

of entrained liquid. The corresponding energy balances may then be
written:

c (Tin "p Tout) = WLhfg + (WL ÷ Wv ) Cpv (Tvout Tvin)

. Ah = *L hfg + (*L + *V ) E A h v

Ah = WL hfg + *L + *V E Ah v
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where _'L = liquid flow rate

4¢V = vapor flow rate

= total flow rate

"_L + _¢V
But the specific recovery, m = 1 -

and, ! - m -
h' - ho WV

hfg

Then (I - m) E _h = h - h'
v

_L

. hfg
w

= h - (h° + hfg [i - m ---

= h - ho hfg (1 - m - )

Thus, the liquid terms cancel out and

h-h
0

m = 1 -

hfg + E 12h v

_) *.L
w w

-- hfg

which is the same as the recovery of the heat exchanger system without

entrainment. However, from Figure A-3, it is apparent that additional

area, or conductance, is necessary to maintain the effectiveness E.
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APPENDIX B

Heat Leakage and Cooldown Relations

The operation of equipment at cryogenic temperatures involves the

expenditure of relatively high grade forms of energy for the attainment

and maintenance of operating temperature. For liquified gases such as

hydrogen and _:z!ium, elaborate refrigeration devices or cryostats are
required for the removal of energy from the fluid and from the asso-

ciated equipment. This cost is partially reflected in the cost of the

fluid since an excess of fluid over the direct operational requirements

is generally used to obtain and maintain the operating temperature. In

addition, specialized equipment is needed, such as vacuum jacketed

insulation, vacuum pumps, cryostats and/or liquid-vapor circuits with

the associated control systems. The cost and complexity of these

devices plus the additional fluid represent an important aspect of the
overall system design.

For an individual component, such as a tank or a pump, the cool-

down and heat leakage requirements can be stated in relatively simple

terms. The amount of cryogenic liquid is proportional to the heat

capacity of the equipment divided by the heat capacity of the liquid,

both latent and sensible. The maximum requirement is when only the

latent heat of the liquid is used, as exemplified by immersion in a

liquid bath. Here the boil-off vapor escapes without further contact

with the equipment. The minimum requirement is obtained when the

vapor is also utilized for cooling. When the escaping vapor tempera-

ture approaches that of the equipment, the liquid requirement is a

minimum. An example would be a long pipe into which a small amount

of liquid is admitted in one end, and the pipe and vapor temperature

are nearly equal at the other, as the cooldown progresses through the

length of the pipe. Obviously, the rate of cooldown is an important

parameter since any geometry can achieve a maximum sensible heat

exchange if equilibrium temperature are attained before release of the

vapor.

In the above discussion, only the heat exchange between the fluid

and component was considered, as may occur in a perfectly insulated

enclosure. Actually, heat leakage through an insulation will require
an additional boil-off of fluid which is proportional to the outside sur-

face area, the effective conductance of the insulation, and the time

duration of the low temperature. Although there is a similar maximum

and minimum liquid requirement as for cooldown, this leakage is gen-
erally associated with low flow conditions in which the sensible heat of

the vapor is also effective. Therefore the amount of liquid required

for heat leakage is generally the minimum indicated by the latent and

sensible heat capacities.
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Although the cooldown and heat leakage modes of heat transfer

occur simultaneously, the rate of cooldown is generally high so that

heat leakage effects can be ignored during cooldown. Then each mode

can be considered as successive occurrances in an overall procedure.

Thus a tank which is used infrequently or for a short time period may
undergo a limited number of cooldowns rather than be maintained at a

low temperature. For other components and conditions, the cooldown

requirements may be excessive and a continuous boiloff to maintain

operating temperatures may be preferable.

Clearly a combination of the two modes, that is, the maintenance

of an intermediate low temperature and then cooldown for each opera-

tion can provide an optimum approach, with respect to the cost of

insulation and the cost of liquid boil-off. An intermediate temperature

reduces the heat leakage during the standby period and reduces the

cooldown fluid for each run. In this approach, the intermediate tem-

p_r_tur_ g_1_r_ily i_ d_pendent upon the number of cooidowns versus

the duration and heat leakage between runs, and for an optimum design,

should utilize the sensible heat of the fluid such that the vapor dis-

charge temperature approaches the maximum equipment temperature

for the major portion of the boil-off flow rate.

It may be convenient in the design of cryogenic equipment to deter-

mine a "boil-off" penalty similar to the drag and weight penalties asso-

ciated with airborne equipment. This penalty would involve not only

the cost of boil-off fluid but also the cost of insulation, which, in turn

would be dependent upon equipment mass, material specific heats,

surface areas, and insulation conductances. Thus it is evident that

size, weight, and shape, which are normally not critical in ground

installations, may become very important parameters in cryogenic

systems.

The following sections present the basic thermodynamic relations

from which design and optimization parameters can be obtained.

i. Component Cooldown

The maximum liquid required for cooldown from normal to liquid

temperature may be expressed:

W _Ta

e J T C dTe e

w = o (1)

i20
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where C =
e

Specific heat of the equipment-material

W

e
Weight of the material

r _.

a
Initial temperature of material, ambient

Material temperature

Final or liquid temperature

?_ = Heat of vaporization of the liquid

For the minimum cooldown, the liquid requirement is,

T
a C dT

W = W | e e (Z)
e ,- T k +rT e

e JT Cp dT v
o

where Gp = Specific heat of the vapor

vapor temperature

These integrals have been evaluated for various materials and cryo-

genic fluids in Reference 4. The curves for cooldown of copper,

steel, and aluminum in liquid hydrogen are reproduced in Figure B-I,

from which the amount of liquid can readily be determined for any

initial and final temperature.

Z. Component Heat Leakage Boiloff Requirements

The liquid boil-off which is required as a result of heat leakage

from the external environment is determined from an energy balance,

wher e

(T a - To) U A Z ATzm

. = u A 1 + (3)
S k % (T v - T o)

A =
i

flow rate of liquid

area where boiling occurs

12i
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A 2 = area of sensible heat exchange

P
average specific heat of vapor

T

a
e xte rnal tempe rature

V
vapor temperature at exit

O
fluid boiling temperature

h Tlm = log mean temperature difference between T and T
a v

TT -_ r'nnr],irfi_rlf_r nr1"n_ in._nlatinn
............ 3 ......

In this expression, the first term on the right indicates the amount of

boil-off and the second term indicates the temperature rise of the

re suiting vapor.

Since A 1 -

_X

U(T -T)
a o

_ v To)

AZ PUA T_m

the liquid flow rate required for a given area and heat conductance is

U-_ _T +-_ 1
Ta - o P _ n AT v

T T
a o

&T
v

where T - T is the ratio of vapor temperature rise to the maximum
a o

tempe rature diffe fence.

Using the following values for liquid hydrogen at atmospheric

pressure in Equation (4),

X = 190 Btu/lb
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T - T = 520 ° - 36 ° = 484 °
a o

AT
v

and = .01 to 1.0,
T T

a o

a curve of yvs T is obtained as shown in Figure B-2. From this
v T - T

curve, it is evident that the maximum rate is a o as obtained
h

without superheat of the vapor. The minimum value, zero boil-off,

results from the infinite area, A 2, required to obtain Tv = Ta'

which is not a practical consideration.

Minimum Boil-off

As discussed previously, the optimum temperature level is

obtained from the combination of the boil-off fluid required to main-

tain a partial cooldown and the number of cooldowns to be made in a

given period of time. Thus the total liquid requirements may be

obtained by adding Equations (Z) and (4),

W NW
e T Tu

v

C dT
e e

_T Tv

k + C dT
p v

o

+

UA Ae 11
T T Oa

k +-_ ._n/

T - T p
a o 1

where A @ = time duration between cooldowns

N = number of cooldowns

U = conductance across insulation

= k/x, approximately, for cryogenic insulation
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k = effective conductivity of insulation

x = thickness of insulation

When this expression is simplified,

W = NWa* + UA h @ ]*
--6 e s

the physical, operational, and temperature dependent variables are

more clearly defined. Here N and L_9 are the independent variables,

which are determined by the operational characteristics of the system.

W and UA are functions of the physical characteristics of the equip-e s

ment, and cr and r govern the effects of the temperature level on the

boil-off requirement. The first {cooldown) term on the right increases
with the temperature, whereas the second {heat exchanger} term
decreases, which means that an optimum or minimum flow exists at

some intermediate temperature. For a number of cooldowns, N, over

a period of time, L_ @, the optimum boil-off is dependent upon the

quality of the insulation, U, and the ratio of weight to surface area,

We/'&s" Therefore, the optimum temperature may vary for different

components, such as piping, pump or turbine, heat exchanger, tank,
or valves. In general, the ratio of weight-to-surface-area is a maxi-

mum for valves, turbomachinery, and heat exchangers, and is a

minimum for piping, which implies that the insulation may be varied to
obtain the same optimum temperature level.

When the physical terms are lumped into a single parameter

(UA/We), two expressions may be obtained:

_we : N /__w{.T)
UA A_ A

or

NW
e

Y

Either expression shows the dependency of the boil-off on the

conductance-area/weight ratio. The possible trade-offs between

temperature level and insulation conductance for minimizing the boil-

off fluid required are also indicated by this parameter.
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As an example, consider a section of piping, made of steel,

having a wall thickness of i/Z-in, with vacuum-jacketed insulation.

The weight-area ratio is

W
e

A
S

- pt = 500/24 = 21

For the heat exchanger described in a previous section, the cor-

responding ratio is 50,000/i000 = 50.

These values indicate that the effects of heat transfer will be

greater for the piping than for the heat exchanger and that a higher

maintenance temperature can be used for minimum boil-off. However,

the optimum level must be determined for each component for a

variety of insulation thicknesses to determine the overall boil-off

requirements and resulting optimum temperature level. Using a pipe-

line 350 ft long and a Z-in. vacuum-jacketed insulation (k/x = .008

Btu/hr-ftZ-°F) for both the line and the heat exchanger, the required

liquid boil-off is obtained as shown in Figure B-3.

These results show that each component has an optimum tempera-

ture level which may differ considerably from the optimum level for

the entire system. By calculating various curves for each component

and combining them into a system requirement curve, the relative

importance of individual insulations can be readily determined, as

shown by the dotted lines in the figure.

Transient State Analysis

An approximate transient state analysis can be performed by

considering the internal masses of the pipe and turbine as lumped

parameters in which the temperatures at any time is evenly distrib-

uted. For short transfer lines, a minimum number of divisions would

be two, one for the lines and one for the turbine, or heat exchanger.

Two divisions are manageable by iterative slide rule computation;

three or more divisions or "lumps" will require programming for

digital computer solutions.

Although the Aerojet System should have more than two divisions

for an adequate solution, this approach was considered beyond the

scope of the present effort. Nevertheless, it was desireable to check

out the basic equations for this section of the study, and a two lumped

parameter calculation was made on the turbine and heat exchanger

recovery systems. The results are given in Figures B-4a and B-4b.
The basic relations used are as follows.
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Turbine System

The system may be represented as shown in the schematic

t
._____. T2f

!

diagram below:

Ta

T I PIPE TZP

TURBINE

T3f

The heat balance for Section I-2 may be written:

k 1 Tzp- Tzf dE
L Ao a 2 i Z

The energy stored in the pipe is:

E = M /C1 + CZPIZ l T1 +TZP-)2-
(2)

and

dO - -4- 1 dT (3)

But the heat transferred from the pipe to the fluid must be equal to the

heat gained by the fluid, or:

hA.1 I TZp Z-Tzfl _/= I CPI +CPZ)z - ITzf- TII (4)

dE
By solving Equation {4) for TZf, and substituting for _ from Equa-

tion {3) into Equation {1), a pointwise solution for dTzp may be accom-

d@

plished using small changes in TZp"
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i The heat balance for Section 2-3 can be written:

!  AT( .T4)hA.T4 :
I Here the energy stored in the pipe is:

I

I

I

I

!

I

E = MG4T 4

and,

(5)

(6)

dE _ M C 4 dT4d @ -- (7)
d @

Here again, the heat transferred from the turbine to the fluid must

equal the heat gained by the fluid, or:

Again, a pointwise solution for dT4 may be evaluated by solving

d@
dE

Equation (8) for T 3 and substituting in Equation (5)forT 3and for T

from Equation (7).

I

I
I

I

Heat Exchanger System

The heat exchange system is represented schematically below.

HEAT

EXCHANGER T5

T 7 Z a

T 6
PIPE

I
T 8

i

I

The heat balance for Section 5-6 may be written:

kL Ao (Ta -T7)- hA [ T7- (T5 + T61]=i Z d--0-dE
(9)

i
15
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The energy stored in the heat exchanger may be written:

E = M C7T 7
(I0)

and,

dE dT7

d--_ = M C 7 d---O-

(11)

The heat transferred from the heat exchanger to the fluid must

equal the heat gained by the fluid.

dE
With Equation (IZ) solved for T 6 and Equation (11) solved for _---_,

the substitution necessary for pointwise solution may thus be made in

Equation (9).

The heat balance for Section 6-8 can be written:

where:

E = M <'C6 +C8>2 I T6 +T8plz (14)

and

Again, all heat transferred from the pipe to the fluid must be

gained by the fluid. Therefore

hA" (T8PI 2 T8f )= W /Cp6 +Cp8)(T8fz T61 (16)

dE

Equations (16) and (15) can be solved for T8f and _@-'d Substition

into Equation (13), permitts a pointwise solution for dT8p.

d@
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APPENDIX C

TURBOMACHINERY DESIGN STUDIES

Range of Operation Considerations

During the initial phase of the study, it became evident that

off-design point considerations would have an important bearing on the

turbine and power absorber design, Pump tests are generally conducted

over a range of conditions to establish the performance characteristics,

and this range would either be met by an appropriately designed

turbine-absorber unit or would require a bypassing of fluid during the

excursion tests. To maximize recovery, the first approach was to

design a turbine for the full range of pump operation. This maximum

range as supplied by Aerojet, is shown in Figure C-i.

i. High Speed Centrifugal Turbine Design

The following table summarizes the results of design calculations

for a centrifugal turbine design having a diameter of 15 inches and a

speed of Z0,000 rpm. This machine is particularly well suited for a

variable area nozzle design, which will provide a high efficiency over

a wide range of pump operating conditions.

A cross sectional drawing is shown in Figure 17 of the main

report test.

Imp ell e r

D impeller diameter 15 inches
1

Had adiabatic head 68. 6 Btu/ib

U1 tangential velocity 1310 ft/sec

_'i nozzle angle 20 °

Cml radial velocity 440 ft/sec

w I blade velocity, inlet 450 ft/sec

w Z Z. 2 XWl, velocity, outlet 990 ft/sec
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Figure C-I. LH 2 Fuel Pump Performance Range of

Test Stand Operation
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Impeller

_b-g

C z

U z

d Z

C 3

P
ZS

T Z

A
e

Ab /An

dhub

Nozzle

P
N

T

/,N
Ac

m

b

{continued}

blade angle, outlet, tip

discharge velocity

exducer tip speed

exducer diameter

cZ/zg j

discharge line velocity

P

C3-/Zg J

exducer static pressure

exducer temperature

exducer flow area

vane blockage

hub diameter

loss factor

ClZ/Zg J

nozzle discharge pressure

nozzle discharge temperature

nozzle discharge density

wheel inlet area

blade height

135

30 °

495 ft/sec

858 ft/sec

9. 85 in.

4. 9 Btu/lb

Z00 ft/sec

0. 8 Btu/lb

80 psia

50°R

0.32 sq ft

14 percent

4. 95 in.

4 percent

34. 2 Btu/lb

9Z0 psia

55°R

4. Z5 Ib/ft 3

0. 3Z ftZ

O. 98 in.
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Discharge Line

d
3

q3

P3s

discharge line diameter

discharge line velocity head

discharge line static pressure

ii. 9 in.

16.4 psi

163, 6 psia

Pe rfo rmanc e

The variable nozzle area turbine has a high efficiency over a

broad range of operating conditions. This range includes both pressure

levels and flow rates. For the range indicated by the M-I test pump,

as given in Figure C-l, the following performance is anticipated from

the preliminary calculations.

Parameter

w, ib/sec

Po, psi

T °R
o

m o , _o

h ,Btu/ib
P

_t

A h t, Btu/Ib

N, rpm

HP

mt-rn o , °/o

m t

Design

Point

i_

588

1900

61

46

69

.9Z

63.5

20,000

53,000

35

High Pressure

T e st Point

Z -_:'_

575

Z670

68

Z4.5

I05

. 90

94. 0

Z3, Z00

76,5OO

51.0

LowPressure

Test Point

3_':_

650

1070

55

66.5

39

.89

34.6

15,000

32,000

18.9

High Flow

Test Point

4_:._

744

1600

58

55

56

.87

55.5

17, 700

52,000

30.3

59

19,400

39,000

3Z

156

Low Flow

Test Poin!

5 _:_

470

1800

58

52

66

.89

81 75 85.4 85.3 84
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These values are for the upper temperature levels given in

Figure G-1. For the lower temperature levels, the turbine net

recoveries, {rot-too) are smaller but the overall recovery, m, is

greater. Therefore, the above table indicates the maximum potential

recovery of the variable nozzle turbine system.

Axial Turbine Design

In order to arrive at the best vector diagrams for the axial staging,

an optimization ana!ysis was conducted which utilized the fol]owing

definition of blading work coefficient:

= work coefficient = U//_V
u

where U = blade speed

A V = total change in fluid tangential velocity
u

For an impulse stage, _ = 0. 50

For a 50% reaction stage, _ = 1. 00

An expression for stage total efficiency can be derived as follows:

.%=

/_ + K -cot a:l c°t2 _el + 4_,(_t - 1) + 3)1

where
1

K

= stator angle, measure from axial deg.

= blade row loss constant of proportionality

Re h height Reynolds number (based on blade height, exit
blade row velocity, and inlet state condition)

K and Reh are defined more fully in References I and Z. The above

efficiency derivation is based on the assumption of axial outflow from

all rotors and constant axial velocity through a given stage.
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Calculations were made using the foregoing expression over a range

of hub work coefficients, _h' and hub stator angles, O_ . Free vortex
flow conditions were assumed for both stator and rotorlh The results

are plotted on Figure C-Z.

Maximum efficiencies are obtained for nozzle angles between 60 °

and 70 ° , and work coefficients greater than 0. 6. This range, however,

is denoted by high diameters and low blade height, and leakage correc-

tions must then be added. For purposes of comparision, a clearance

annulus of 0. 0Z0 inch was assumed for both rotor and stator; and the

efficiencies of the optimum region were readjusted as shown in

Figure C-3. The hub stator angle,_lh = 70o is clearly the optimum

value with the peak efficiency occurring between _ = 0. 7 and 0. 8.

Since _h = 0. 7 yields a lower overall diameter, it was selected for the

final design.

Cavitation Analysis

Defining the discharge specific speed as N d

1/Z

NQ 3
N d =

{hdv)3/4

then,

where N

Q3

Dt2

k

k b

I Q

1897 3
3

ND
t2

1/2

Nd = I __] Z- }3/4

ii +k_ Q3 IZ

591 ,---k--_b _ {_} + k

rotating speed, rpm

rotor discharge annulus volume flow, cfs

rotor tip diameter, ft

diffusion parameter

blade blockage factor
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= rotor hub tip ratio

hdv net positive discharge head (NPDH), ft

This relationship can be derived from energy and continuity

considerations, by equating the head at the minimum pressure point

(peak velocity) on the suction side of the blade at the rotor tip equal to

vapor conditions.

A parameter which is important in the design of turbine blade

profiles is the suction surface diffusion parameter, Ds, defined as:

D = 1 __2
s 0_-T

where L0Z = cascade exit velocity

_0 1 = peak velocity on suction surface of blade

For optimal blade performance, the blade should be designed for

D s = 0. For highly cambered blades, this goal is sometimes rather

difficult to achieve. The factor k in the above relation can be

substituted by:

Ds(Z - Ds)
k =

(1 - Ds)Z

Calculations can now be made of N d versus (Q3/NDt2)3 for a range

of D s.

Such a set of data is plotted on Figure G-4 for a k b = 0. 95.

Points can now be plotted on Figure C-4 for the various turbines

under consideration so as to display their relative tendencies for

cavitation. The maximum discharge specific speed, N d, is clearly

dictated by the ability to limit blade surface diffusion.
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D
S
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APPENDIX D

PRELIMINARY DYNAMIC ANALYSIS

Equations of motion representing the system dynamics may be de-
rived by standard linearized perturbation techniques. A11equations
are represented in the complex domain by application of the Laplace

transformation, The following sections develope the pertinent rela-
tions from which the dynamic characteristics of the system can be
obtained.

a. Transient Relations--From the nature of startup control proce-
dures, turbine acceleration rates are determined. A.representative
turbine map is shown in Figure D-1.

APt= TURBINE PRESSURE DIFFERENTIAL

QD = O.s/2

ND = Nr/2

,,, _ = START TRANSIENT

Qs _ I ) APt

en

I..-

TURBINEND Nr
SPEED

Figure D-I

Since the power adsorber is overloading during transition, an equilib-
rium, Point {1) is established at a reduced speed in accordance with a

specific turbine pressure ratio. When the speed control is energized,
the turbine moves to the design point [Point (Z), Figure D-I] along a
constant pressure ratio line. All control valves {except the load con-

trol valve) must operate slowly to avoid "water hammer". Turbine
acceleration rates are comensurate with the slow valve operation, thus

eliminating dynamic problem areas. Speed control operation at the
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"switch over" point will be satisfied by dynamic requirements imposed

from steady- state considerations.

There are no dynamic problem areas associated with transients

during failure mode operation because all valves change position slowly
and the turbine merely slows down to zero speed as a function of the
adsorber load.

b. Steady-State Pump Operation--A list of nomenclature used in the

following section is included in Table D-I.

TABLE D- 1

Lower case letters indicate perturbation quantities about the steady-

state operation point.

J = Inertia, ft-lb-sec/rpm

Q = Torque, ft-lb

A = Area, ftZ

N = Speed, rpm

T' = Time constant, seconds

Pt = PI-P2 = Turbine pressure differential

s = Subscripts apply to the set point

t = Subscripts apply to the turbine

= Subscripts apply to a loading device

c = Subscripts apply to a compressor

b = Subscripts apply to a water brake

The block diagram representing the pertinent equations of motion

may be derived from the following relationships:

Basic Equation,

JSn = _Moments = qt " qg. (1)
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Turbine,

Q

Qt = Qs N s N (Z)
r

Where Qs = stall torque

N = runaway speed (zero torque}
r

Load

Q = I_f(A) (3)

where(E is a constant and f(A) is determined by the loading character-
istic.

Since there are two methods of loading under consideration, (com-

pressor and water brake} at the present time, the dynamic relations
for each method may be obtained as follows.

An expression for the perturbated turbine torque (qt) is obtained
from Equation (Z) and the following assumptions,

N _,,Weight Flow _ _t (4)
r

and Qs,_Pt (5)

Substituting (4) and (5) into (1) which is then multiplied by N yields an

expression representing the turbine power. Differentiating this ex-

pression with respect to speed and equating to zero yields peak power,

a design point relationship given in Equations (6) and (7) where N D is

the de sign speed, and K D a constant of proportionality.

_: _o_/_t (6)

ND = Nr/Z (7)

A linearized expression for the speed set point (n) is obtained by differ-

entiating Equation (6) with respect to £IPt and applying the "s" subscript.
The re suit is

s ND/2_P t (8}
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Merely substituting (4) and (55 into (Z} and taking the total differential

yields the desired expression for qt' evaluated at the design point.

-QD 3 QD

qt = _DD n + _ Ap-----t aPt {9)

is obtained from the total differential of Equation (3),

Q_ _Q _,
-- I] " (]o5

The block diagram illustrated in Figure D-Z is a diagramatic repre-
sentation of the simultaneous solution of Equations (1), (85, {95, and
I 1{'_...._4-1.. ^_.f_l _,rlc,'_,",,r_

__°2A Pt

CONTROL
TS + I

K = ( + j-T- ) -' T = JK

Figure D-Z

It is interesting to note that _Pt_is a pure function of conditions
upstream of the turbine and independent of speed perturbations. This
condition holds for an axial flow turbine in the first approximation.

The system illustrated in Figure D-2 is evaluated at the nominal

design point for controls specification. Controlled speed regulation

and stability are considered for both air compressor and water brake

1.46
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loads.

follows:
The numerical constants and load characteristics are as

J (with air compressor) = 9.6 ft-lb-sec.
rpm

J (with water brake) = .87
ft- ib- sec.

rpm

For the Air Compressor at Design Point

Qc 2QD

_N : _-6--D(_: z5

i'(Ac)<)Qc
A = QT_ _b (A) where ¢ (Ac) = fLA

V-'C ..... " C"

For the Water Brake at Design Point

c)Qb 2QD

N :-S_D (_:z)

c)Qb

_A

f'(Ab)

--= QD _ (Ab) where _ (Ab) = f(Ab 5

The system as shown in Figure D-Z has a high degree of self

regulation. This property is most clearly illustrated by considering

the speed response to a pressure change without control. The expres-

sion is

3/2 QD/]Pt

n/_Pt = QD _ _Q_
(115

The required change in speed (to maintain maximum turbine efficiency)

is

ns/APt = ND/24Pt' (125

If both the air compressor and water brake conform exactly to the

square law assumed (Q -_N 2 ) it is seen that

i-_7
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N D nn s

Pt 2 4 Pt 4 i°

or speed remains exactly at the required speed for peak recovery. A

speed control is included in the system to provide speed regulation in

the event loads do not perform exactly to the aforementioned square
law.

To present a reasonable range of operational characteristics of

the loads under consideration, it will be assumed that the torque to

speed relationships may vary from a linear to cubic representation.
The results are tabulated below:

Re qui re d:

_T
_'D

ns/_Pt - 24P t

Actual:

n/_ Pt

n/_ Pt

= 3/8 ND/,I Pt (cubic load)

N D
= 3/4-- (linear load)

Pt

The above calculations illustrate that the control must provide the

equivalent change in speed in terms of load change to make the differ-

ence between required and actual speed changes equal to zero or,

ns _n =I1 3t ND _ 1 NDi°t _ Pt 8 _ Pt
(cubic load) (13)

ns- n _21 3 l ND 1 ND
-- -- m m

W-i° t A Pt 4 _ Pt
(linear load) (14)

Taking the most severe condition, (14); for a given pressure change,

the control must vary the load appropriately to add the equivalent of

1 ND
to the speed response obtained as a result of self regulation.4_P

t

It is possible to relate speed error to turbine efficiency and hence

to potential savings of the overall recovery system, Since a 1 percent
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turbine efficiency represents a substantial potential savings (_Z38,000),

the functional relationship of speed error to turbine efficiency is near-

ly a one-to-one linear correspondence for small speed changes, and

the system is ideally self regulatory, an integral mode of speed con-

trol will be introduced. The steady-state speed error will be zero and

stability may be determined from the speed control loop alone.

The open loop transfer function of the speed control is

whe re

n

n - n
S

ft Z

Kc( rpm- sec.'

K_ KaQ£/aA

g(_s + ])

troller.

115)

S

The frequency response representation is as shown in Figure D-3.

C

W

E
r-

._J

%

CD

o

1.0

LOG _o

K K--
c _3A

Z
TCU

Figure D-3

For stability, a 45 ° phase margin criteria will be applied.

quires that

This re-

bQzKcK _A 1

Tu_ _ : T

<1 (10)
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Solving Equation (16)

l l
K c f ---

KsQ2 jK g P,Q
_A _A

(17)

Equation (17) will be evaluated at the turbine design point for both

methods of load absorption. These expressions represent the maxi-

mum allowable integral control gain for each of the loads. For the

application, it will be desirable to reduce these gains by a factor of Z,

The control gains for a square law load absorber shall be

QD ftz

Kc {air compressor)= .47 NDZ¢(Ac) rpm sec. (18)

and

QD ftZ
K (water brake) = 5.2
c NDZ _ (Ab) rpm sec. (19)

Since QD'--Nr_ 2, the required gain is constant over the entire range

except for#(_ ) or _(A__) which may be taken into account by proper

valve characte rization.

In summary, the speed control shall be an integral type, incor-

porating a stability safety factor of two. The control will yield zero

steady-state speed error and sufficient transient response time

because all input pressure changes are slow to avoid water hammer.

Taking the most severe condition, (14); for a given pressure change,

the control must vary the load appropriately to add the equivalent of

! ND

4 '\P to the speed response obtained as a result of self regulation.
t

It is possible to relate speed error to turbine efficiency and hence

to potential savings of the overall recovery system° Since a 1 percent

turbine efficiency represents a substantial potential savings ($238,000),

the functional relationship of speed error to turbine efficiency is

nearly a one-to-one linear correspondence for small speed changes,

and the system is ideally self regulatory, an integral mode of speed

control will be introduced. The steady-state speed error will be zero

and stability may be determined from the speed control loop alone.
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APPENDIX E

COST ESTIMATES

This section contains the contribution of various manufacturers on

cost data related to the installation of the turbine and heat exchanger

recovery systems. The problem statements were based upon prelim-

inary design type concepts and were modified as deemed appropriate by

the contributors. The results are therefore budgetary type estimates.

In some cases, the estimates are "raw" or "bare costs"; in others

contingency and profit factors have been added.

Heat Exchanger Cost Estimate (AiResearch Manufacturing Company)

A budgetary estimate is suppliedbelov'. This estimate is based on

a finned tube configuration using existing commercially available tubes

in a four-pass cross-counterflow arrangement. The tube bundle can

be folded to give two banks of 5300 tubes 18 feet long.

The cost of building this unit at AiResearch would necessarily in-

clude non-recurring charges associated with handling and processing

components of unprecedented size and weight. The cost of AiP_esearch

to obtain the required equipment such as hoists, in plant trucks, clean-

ing baths, etc. , is estimated to be $i00,000. This does not include

large machine and forming tools. Machining and forming would be

subcontracted.

The cost of designing and fabricating one unit is broken down as

follows:

Engineering $ 80

Laboratory i0

Facilities i0

Shop 100

Tooling 50

Purchased Parts (Machining, etc.) 78

Material (including finned tube) 96

000

000

000

000

000

000

000

$ 42 L 000

iSI
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These costs are predicated on a very limited test program to ver-

ify performance estimates as deemed necessary. The basic premise

is that the unit will be sufficiently conservative in design to assure

that the performance requirements will be met. Testing costs can be

kept at a minimum by using this approach, although the most compact

unit will not be obtained.

The above estimate does not include:

(i) Insulation

(2) General and Administrative Expense

(3) Fee

If a contract is sought to build this unit, it should be split into a

design phase and a fabrication phase, with each phase negotiated sep-

arately. An adequate cost estimate on fabrication can more reason-

ably be made after a design is available.

With G and A and fee included, the estimated price for this heat

exchanger "I:'_ :

Fabrication

Non-recurring Charges

$ 424,000

i00,000

$ 524,000

G &A (13. 6%) 71,264

$ 595,264

$ 41,668

$ zo,ooo
$ 656,932

Fee (7%)

Insulation

4 header plates weight

3. 5 ft x 8 ft x 3. 0 in.

5300 holes . 375 inch dia. on I. 0

inch spacing 4 x 3 I/Z x 8 x i/6 = 175 = 3,300 ibs.
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200, 000 feet of finned tube 0. 154 ibs/ft

wolverine tru fin hr 63-0906035-41

{@ $. 25 per foot = $50, 000)

4 high pressure pans

4 x 3 i/Z x 8 x i/4 = 28 cu ft x 175 =

3.5 ft x 8 ft x 3.0 in. with 2. 0 ft radius

2 low pressure pans

8.0 ft x 18. 0 ft x 0. 5 inch formed to 6, 0 ft

radius 2 x 6 x 1/24 = 12 cu ft x 175 =

inlet, outlet and crossover tubes

50 ftx i0 inch pipe

3 x 50 = 150 sq ft x 1/12 = 12 i/2 cuft x 175 =

baffles - i0 2' spacin_

made in strips

I00 pieces 0. 75 in x . 375 in x 8. 0 ft

i00 28/12 x 8 = 18 cu ft x 175 =

miscellaneous brackets and structure

total weight

vacuum jacket-tank

($z0, ooo to $40, ooo)

Installation Cost Estimates

30, 800 ibs

4, 900 ibs

2, i00 ibs

Z, 200 Ibs

3,300 ibs

4,000 ibs

50,000 ibs

15,000 ibs

The following installation cost estimates were based upon the

schematic diagrams shown at various places in the rest of this report.

Those estimates include control valves, and in two instances, the

specific proposal by Hammel-Dahl Company, which is included in this

section.
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LINDE COMPANY

DIVISION OF UNION CARBIOE COIIF,EIhP. IION

277:) LEONIS [tOULEVARD. lOS ANG[:( ! [_ ,,_t. L. f L If<_t_;IA

December 12, 1963

Airesearch Manufacturing Company

9851 Sepulveda Blvd.

Los Angeles 9, California

Attentions Mr. H. G. Starck

Preliminary Design, Dept. 933

Gentlemen =

This has reference to our discussion regarding the design of a

liquid to vapor hydrogen heat exchanger that concerns your study

for Aerojet-General on the M-I Program.

We have reviewed your requirements and estimate that the cost of

the heat exchanger will be between $200,000 and $300,000. We have

not attempted to make an engineering analysis of the heat exchanger

design per your performance requirements in an attempt to reduce

cost or equipment size. Should this heat exchanger become a

reality, the Linde Division would be pleased to perform an eng-

ineering design and quote on the equipment. The cost noted above,

however, should be fairly realistic at the present time. If we

can provide any additional information, please advise.

Very truly yours,

UNION CARBIDE CORPORATION

Linde Division

_. ///z

P./J. Murto

Cryogenic Products Department

Pacific Coast Region

P_/ect
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CU,._____OM E R Airesearch PROJECT 3700

PAGES ]- PAGE 1

Recovery -Hvdraulic Loader

I_1M4

SUMMARY

Water Tanks

Install Water Pumps

Install Hydraulic Loader

Instrumentation

Civil Work

Piping _

Electrical

Construction Indirects

DATE 2-20-64 BY RLR

Note - Price of Ex and_Water Br
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II

III

IV

V

VI

VZI

VIII

IX

X

XI

XII

XIII

AI_ESEARCH - LIQUID }_DaOGEN RECOVERY PROJECT

ESTIMATED INSTALLED COST - CASE I

Turbo Hydraulic Expander Installation

Material Labor Total

Site %_rk 1,000

Concrete and Foundations 4,500

Radiographic and Mass Spec. 6,000

Insulation 18,000

Purge and Test 6,000

Mechanical Check-out

Piping - low temperature 304 SS

Fittings

Valves

Pipe

Screwed Fittings

Vacuum Jacketing

25.800

208,000

10,400

1,200

7,200

600

6,000

5.000

4,000

14,800

7,000

4,000

2,300

5,700

Water Piping

Fittings 2,000 2,000

Pipe 2,000 1,000

Strainers 2,500 200

Valves 1,700 400

HydraTullc Piping 2,400

Controls 13,500

Tanks 9,000

Equipment

Turbo Expander-Hydraullc (AIResearch}

2 Kahn water brakes, 30,000 HP ea.

150,000

Centrifugal water pump, I-R

AVS 5,000

12,000Freight and handling

488,200

600

1,400

17,000

1.200

73,200

1,600

10,500

6,000

18,000

11,000

4,000

40,600

215,000

14,400

3,500

12,900

4,000

3,000

2,700

2,100

3,000

14,900

9,000

17,000

150,000

6,200

12.000

561,400
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Turbo HYdraulic Expander Installatio n

Contractor's Indirect Expense

Materials. Supplies. misc.

Supervision

Labor Burden

Contingency - 5%

Contractor's Profit - 10_

Engineering and Purchasing at 5%

Material

36.000

526.200

25,000

551.200

17T

Labor

12.000

12,000

97,200

102,200

Page Two

Total

623.400

.30,000

653.400

64,000

717,400

34,000

$752,400
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ESTIMATED INSTALLED COST - CASE II

f/eat Exchange Alternatlve

AIRESEARCH - LIQUID HYDROGEN RECOVERY PROJECT

Material Labor

I Site work 2,000 1,000

II Concrete (60 cu. yds.} 2,400 3,600

III Radiographic Inspection (sub) 6,000 4,000

IV Structural 34,000 16,000

V Purge and Test 4,000 4,000

VI Mechanical Check-out 4,000

VII Piping low temperature 304 SS

Fittings 40,600 13,000

Pipe 45,300 3,600

Valves 74,000 3,400

Expansion Joints 24,000 1,800

Vacuum Jacketing 11,700 5,200

Weld and fabrication 600 16,000

Misc. pipe supports 2,500 1.200

199,700 39,200

VIII Controls 6,500 1,600

IX Equipment

Heat Exchanger (AIResearch) 6,000

X Freight and Handllng 14,000

XI Insulation 18,000

Total

3,000

6,000

i0,000

50,000

8,000

4,000

XII Contractor's Indirect Expense

Materlals, supplies and

equipment rental, etc.

Supervision

Labor Burden

Contingency - 10%

Engineering and Purchasing at 5%

Contractor's Profit - 10%

219,900

8,100

6,000

I/2

286,600 78,400 365,000

35,000

12,000

!2,000

321,600 I02,400

30,000 I0,000

35,000

12,000

12,000

424,000

40,000

25,000

50,000

539,000
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I_---_'--"_ GENERAL CONTROLS INC.

A IU|IIDIAIy OF INTEmNAIIO_A_ TELEFXON[ AN_ TELEOIAP'X COIPOIATION

HAMMEL-DAHL/FOSTER DIVISION
BOt ALLEN AVENUE. GLENDALE, CAL. 91201--TELEPHONE (2t3) 849-2348

PROPOSAL

TO

AIRESEARCH MANUFACTURING COMPANY

BY

ITT GENERAL CONTROLS INC.

HAMMEL-DAHL/FOSTER DIVISION

WARRANTY: ALL PROOUCTS OF THE COMPANY AmlE SOLO AND ALL IERVICES OI r /HI[ COMPANY ARE OFFEREO SUBJECT TO

THE COMPANY'S WARRANTY ANO TERMS ANO CONOITIONS OF IIALE. COPIES OF WHICH WILL Ell[ FURNISHED UPON RECIUII[ST
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SUMMARY

HAMMEL-DAHL CONTROL VALVES

Liquid Hydrogen Loop Valves

(i) 12" - 900 LB ASA

{I} iZ" - 900 LB ASA

(Z} 12" - 150 LB ASA

(i) iZ': - 300 LB ASA

{Z) Controllers

Check valves

Filters

Accumulators

Total LH 2 Loop

35,000

33,000

36,000

Z0,000

$124,000

Ii,000

iZ0

i, 800

4,590

6,510

Water Loop Valves

(4) 6" 150 LB ASA

Heat Exchange System

(i) iZ" - 300 LB ASA

(i) 18" - 150 LB ASA

(i) 1 Controller

135,000

$141,510

$4,400

20,000

40,000

5,5OO

$65,5OO
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i. One (i) -

Z. One (1) -

3. One (I)-

LIST OF CONTKOL VALVES

12" Hammel-Dahl Stainless Steel Control Valve. Hy-

draulically operated angle valve, butt weld connections,

900# ASA rated, stainless steel body and trim, linear

characteristic° CV=_I400, design CV=1260 plus/minus

10_0, balanced construction, flash-flo design, extension

bonnet with teflon packing. Valve to be complete with

hydraulic cylinder, mechanical latch, servo valve mani-

fold and potentiometer and limit switches.

ESTIMATED PRICE EACH $35,000. 00

12" Hammel-Dahl Stainless Steel Shut-Off Valve. Hy-

draulically operated angle valve, butt weld connections,

900# ASA rated, stainless steel body and trim, linear

characteristic, CV=I400, design CV=IZ60 plus/minus

10%, balanced construction, flash-flo design, extension

bonnet with teflon packing, Valve to be complete with

hydraulic cylinder, mechanical latch, servo valve mani-

fold and potentiometer and limit switches.

ESTIMATED PR.ICE EACH $33, 000. 00

12" Hammel-Dahl Stainless Steel Control Valve. Hy-

draulically operated angle valve, butt weld connections,

300# ASA rated, stainless steel body and trim, linear

characteristic, CV=I400, design CV=IZ60 plus/minus

10%, balanced construction, flash-flo design, extension

bonnet with teflon packing. Valve to be complete with

hydraulic cylinder, mechanical latch, servo valve mani-

fold and potentiometer and limit switches.

ESTIMATED PRICE EACH $Z0,000o 00

175
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. Two {Z) - 12" Hammel-Dahl Stainless Steel Shut-Off Valves. Hy-

draulically operated angle valve, butt weld connections,

150# ASA rated, stainless steel body and trim, linear

characteristic, CV=I400, design CV=1260 plus/minus

10%, balanced construction, flash-rio design, extension

bonnet with teflon packing. Valve to be complete with

hydraulic cylinder, mechanical latch, servo valve mani-

fold and potentiometer and limit switches.

ESTIMATED PRICE EACH $18,000.00

. One (1) - 18" Hammel-Dahl Stainless Steel Shut-Off Valve. Hy-

draulically operated angle valve, butt weld connections,

150# ASA rated, stainless steel body and trim, linear

characteristic, CV=I400, design CV=IZ60 plus/minus

10%, balanced construction, flash-flo design, extension

bonnet with teflon packing. Valve to be complete with

hydraulic cylinder, mechanical latch, servo valve mani-

fold and potentiometer and limit switches.

ESTIMATED PRICE EACH $40, 000.00

. Four (4) -6" Hammel-Dahl Model AZOV800 Cast Steel Control

Valves, 150# ASA rated.

ESTIMATED PRICE EACH $ i, i00.50

Valve performance shall be as follows:

Valves shall stroke from full-closed to full-open in not more than

1.0 second, and from full-open to full-closed in not more than i. 0

second, including snubbing time. Hydraulic snubbing may be used

within the last 5 per cent of the actuator travel limits. Frequency

response shall be at least 1 cycle per second at a phase shift of

45 degrees with an input signal range of plus or minus i0 per cent.
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ACCESSORY EQUIPMENT

io Accumulators - Three (3) accumulators will be furnished, one for

each two valves. Each accumulator shall be sized to stroke the

control valves at least six times after failure of electrical power

with a minimum supply pressure of 2000 psig.

Three (3) - Stainless Steel Accumulators, 9-gallon capacity, for

use with Skydrol 500A.

NET PRICE EACH $1,530.00

Filters - Six (6) filters will be furnished, one for each control

valve. Each filter will be sized so that it can withstand full Delta

P without any damage to the filter element. The filter element

will be rated a 5 micron capability.

Six (6) Filters, i0 gpm, 5 micron, nominal rated.

NET PRICE EACH $ 300.00

3. Check Valves - Three (3) check valves will be furnished, one for

each accumulator.

Three (3) - Check valves.

NET PRICE EACH $ 40. 00

ELECTRONIC CONTROLLERS

The Controller that we recommend is the Micro Gee Model 57S Con-

troller modified as necessary to meet the specific job requirements

which are not completely defined at this time.

The Micro Gee 57S Controller is one of the 57 series Pressure Con-

trollers. This Controller is designed to work with strain bridge type

transducers, {which it is assumed at this point will be used for this

application).
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The 57S Controller operates in the following manner.

A pressure transducer senses the actual pressure downstream of the

pressure reducing valve and transmits a proportional signal to the

pressure controller for comparison with the signal of the set point

control. The controller modifies the difference between these signals

in accordance with the static and dynamic requirements of the system

and transmits the signal to the servo assembly which is coupled to the

pressure reducing valve servo operator. The servo operator positions

the pressure reducing valve in proportion to these signals°

When properly adjusted, the actual pressure and the set point pressure

will agree within the tolerances of the pressure transducer and indi-

cators used. The pressure controller consists of the following func-

tional components.

(i) A Setpoint Control, which is part of a summing circuit to

be compared with the output of the pre-amplifier.

(2) A Pre-Amplifier to raise the voltage level of any differ-

ence (error) signal. The gain of this stage is fixed.

(3) Two D.C. Amplifiers around which gain, rate and inte-

gration networks may be added to modify the error signal

to minimize transient oscillations and response time and

reduce the steady state error to zero.

(4) Capabilities of remote set point and ext. override (set

point engage) through pushbutton lights on the front panel.

(5) An Operate-Manual Override Switch. In the manual posi-

tion the system becomes a position device, manual summed

with the valve feedback pot.

(6) A Function Switch on the front panel which allows null

balance control and null balance metering of transducer,

pre-amp A-I and D.C. Amplifiers A-2 and A-3.

(v) Meter readings of pressure in _/0,valve travel in _0 and

load current in milliamps.
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A block diagram of the present 57S Configuration is shown in Figure i.

This unit will have to be modified to meet specific requirements and

will consist of adding an appropriate oscillator demodulator module to

work with a linear variable differential transformer on the valve. An

additional modification on one controller will consist of an emergency

override circuit to full stroke the valve.

The output of the 57S is plus/minus 20 MA into a 500 ohm load. The

57S is completely transistorized for high reliability.

The price of the 57S modified is approximately $4,500 each. The

estimated price of an appropriate transducer to work with the 57S at

cryogenic temperatures is $i, 000 each.

EnGineering Checkout - It is estimated that approximately two weeks

of field engineering would be required. This is highly recommended

as problems that generally occur when going from a construction stage

to an operational stage can only be handled by factory engineering per-

sonnel. This service can be performed at cost of $150. 00 per day plus

per diem and transportation costs.

Specifications and Supervision of Installation - The specifications for

the hydraulic and pneumatic systems would require approximately i00

hours of engineering time at a rate of $15. 00 per hour. Supervision of

installation can be performed by a Quality Control Engineer familiar

with the system and component design concepts and quality control

levels required. This work can be performed at a fixed rate of $I0. 00

per hour.
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P O. HOX 516

HARIFOI_D I, CONN O6101

PHONE 5298643

AREA CODE 203

_ I ICE'% AND PLANT

;_r_; vELL.G ROAr3

Wate, Brake Power Absorber

An unusually large water brake (Absorption Dynamometer) has been designed

and built by Kahn & Co._ of Wethersfield_ Connecticut. It is nine feet long

by six feet wide by six feet high and weighs 6000 pounds. The brake can

absorb approximately 30_000 hp at 6000 rpm_ which makes it well suited_ when

two units are used_ for absorbing the power output of the turboexpanders

considered for this study program. ]t can be used at speeds up to 8000 rpm_

will operate in either direction of rotation_ and has a controllable range-

ability of approximately 15 to I with a maximum torque capacity of 30_000

ft-lb. The maximum conditions of both horsepower and speed are shown on

Figure 24. Apart from this point_ there is no other breakdown condition.

Water flow requirements for this unit_ or any other water brake dyna-

nometer_ may be calculated by using the value of 4 gallons per hour per horse-

power. On the assumption that each water brake will be required to absorb

28_000 hp maximum_ one unit will require a water flow of 1900 gpm_ and the sec-

ond unit from 0 to 1900 gpm_ depending on the total horsepower required. The

maximum allowable case pressure is 350 psi. The casing will be protected by a

relief valve in the event that this pressure is exceeded. Tt is recommended

that the water temperature at the outlet of the brake does not exceed 180°F;

and as the flow rate of 4 gallons per hour per horsepower is based on a 70°F

rise through the brake_ it follows that the water flow can be substantially

reduced_ if the inlet water temperature is low.

The moment of inertia of each rotating assembly is 2.396 Ib-ft per sec _.
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Each water brake will be supplied with two remotely controlled flow

control valves_ one on the Inlet and one on the outlet of the water brake, The

control of these valves will be graduated such that once the Information Is

acqulred as to thelr settlng posltlon for the speclfled parameters_ then con-

trois may be preset to these emplrlcally obtained posltlons. For a particular

speed-horsepower relationshlp_ the brake performance is affected only by a

change of inlet water pressure_ assuming that the control va]ve posltlons are

not changed. In order to mlnlmlze the effect of pressure fluctuatlons in the

water supply header_ a pressure regulator will be Installed upstream of the

Inlet flow control valve_ which will malntaln a steady inlet pressure to the

flow control valve of 30 pslg.

The control system will be overridden by a pressure rellef valve_ In the

event the case pressure exceeds its design maximum. It Is assumed that the

turbine wlll be governed such that the water brake wlll not exceed 8000 rpm.

It should be noted that the unit that Is in operatlon at General Electric was

subjected to a spln test of 9000 rpm before being placed in service.

Each dynamometer wl]l be mounted on a frame whlch should be rlgldly

grouted Into a concrete pad wlth a trench for the water outlet. Depending on

the length of run required for the slx-inch water llnes_ both for Inlet and

butlet_ It Is very roughly estlmated that the Installation costs should not

exceed $5000. The cost of two Water Brake Dynamometers_ Kahn Model 061-040M_

wlth rlgld base mountlng and frame would be $II0_000.

Regardlng the dlsadvantages of the water brake dynamometer as compared to

jet englne compressors or centrlfugal air compressors_ we are flrmly of the

qplnlon that followlng the experlence galned In the exlstlng Installatlon of

thls water brake_ the control system should present no problem of sensltlvity

In comparlson to other types of loadlng devices, Alsoj as long as there Is a

source of water pressure of 40 psl or more available_ mlnor fluctuations wlll

be nulllfled by the pressure regulator,

!83
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Vll COST ANALYSIS (cont)

Maintenance

The total test time, as indicated by the problem statement is only

35 hours_ arid the number of operating cycles is 440 for a five year

period° In comparison with the operation of conventional rotating

machinery_ this length of time and number of cycles is very low., and

no special maintenance of the turbine system and controls will be re

quiredo This conclusion is valid provided that the operating procedures

for the M-l pump include the provision and maintenance of a clean liq-

uid hydrogen circuit so that particles which may be harmful to the bear-

ings and seals will be eliminated.

In v].ew of the untested status of the turblne, the presence of a

highly qualified turbomachinery engineer during the entire period is

recommended. The duties of this position would be to control the

operation of the turbine system and to monitor the operational condition

of the various components from the data supplied by the instrumentation,

such as bearing temperatures, leakage detectors, vibration sensors

and the usual pressure-temperature inputs° This cost is estimated at

$30,000 per year or $150,000 for five years.

As discussed previously, the maintenance cooldown costs will be

negligible due to the essentially "free" cooling obtained from the use of

storage tank boil off vapors. Even without vapor cooling, the vacuum

jacketing will reduce the cooldown loss to less than $5500 of LH Z per

year° Therefore this item was considered negligible°

For the heat exchanger system, the maintenance requirements

would be negligible° The single control valve could readily be operated

by the M-1 pump test crew in accord with a relatively simple procedure

during start up or changes in pump test point settings°

Amortization

On the basis of the original problem statement of 7 tests per month

it appears that the turbine-compressor system w_ll save its costs in

less than 4 months of operation° However_ the test schedule_ as g_ven

in Section II, is not uniform, and the build up to an average or maxi-

mum usage will require nearly two and one half years. On this basis

the recovery of costs will require about one and one half years from

start up°

185



I

I
I
I

I

I
I

I
I
I

I
l
I

I
I

I

I
I

The timing for the heat exchanger system will be nearly the same,

since this system has roughly onehalf the potential savings at one half

the cost.

The following table gives the time required for the recovery of

costs through the savings in liquid hydrogen. The first column is based

on a frequency of 4 tests per month and the second column is based upon

the use rate given in figure 14 of section II. Assuming a 6_/0rate of in-

terest charge during this test period._ the total costs are increased to

the amounts shown.

Frequency of Tests

Turbine System

4 Tests

per month

Figure 14

{Section II)

Time for saving costs in LH t
Total cost at 6% interest

5 months

l, 670,000

Z0 months

1,7Z5,000

Heat Recharger System

Time for saving costs in LH Z
Total cost at 6°7ointerest

6 months Z4 months

86Z, 000 900,000
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IX SCHEDULES

The following bar charts present tentative schedules for the heat

exchanger and the turbine-Air Compressor systems.

HEAT EXCHANGER SYSTEM

I |

Heat Exchanger

Design

Procurement

Fabrication

Tests

Vent Line Modification

I

I

I
I

I
I
I

I
I

I
I

I
I

Design

Procurement

Supports

Z4" vent line

Modifications

m

m

i

n

mmean

Installation -_-.-kmm

TURBINE AIRCOMPRESSOR SYSTEM

i I
Turbine and Compressors

Design

Fabrication

As s embly

Installation

0 4 8 Z0

Time - Months

]87

m
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Down Time

The heat exchanger system will require a relatively long down time

for modification of the present vent system. The timing would be gover-

ned by the status of the heat exchanger fabrication and would not be

started until the entire procedure of modification and installation could

be accomplished as a continuous effort. The total time is estimated to

be from 3 to 5 months.

For the turbine-air compressor system all of the main piping can

be installed prior to actual tie-in so that a minimum of down time is

anticipated. Conceivably the tie_in can be accomplished in less than

one month.

Obviau._ly_ the down time may be greatly dependent upon the ex-

perience and capabilities of the contractor and subcontractors engaged

for this effort. From the overall economic standpoint it may be pref-

erable to consider this capability, rather than the conventional "low

bid" as a basis for contract award.
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New paragraph heading: Cost of Aerojet System

KAHN WATER BRAKE (Z UNITS)

Delete: at center of drawing, scale, I/8 in. = 1 ft

Spelling: sequence

Use hf in place of ho
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Integration limits should bee
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